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Nomenclature

NPSH;
NPSH,
NPSH,

pin

F)min
P(f)

Q)

s(f)

Amplitude of pressure mode [m]

Pressure coefficient [-]

Orientation coefficients for 5-hole probe [-]
Spectral coherence [-]

Diameter [m]

Frequency [Hz]

Pressure measurement sampling frequency [Hz]
Calibration coefficients for 5-hole probe [-]
Blade number of front rotor [-]

Hydraulic head [m]

Theoretical Euler head [m]

Incidence angle [°]

Pressure mode [-]

Number of sampling data [-]

Experiment number [-]

Rotational speed [min™]

Specific speed [min™, m*min, m]

Net positive suction head at 3% head drop [m]
Required net positive suction head [m]
Available net positive suction head [m]
Pressure [Pa]

Pressure at pump inlet [Pa]

Atmosphere [Pa]

Minimum pressure on the rotor blade [Pa]
Pressure spectrum [-]

Volumetric flow rate [L/s]

Phase angle of cross spectrum [-]

Radius [m]

Blade number of rear rotor [-]

Cross spectrum [-]



\'

X/
Xf/l
Greek

Bo

0j

AB

Subscripts
0
1

Torque [N-m]

Time interval, or timestep in simulation [s]
Peripheral velocity w*r [m/s]

Absolute velocity [m/s]

Axial velocity in absolute frame [m/s]
Circumferential velocity in absolute frame [m/s]
Relative velocity [m/s]

Normalized coordinate along the chord [-]

The maximum camber location to chord length [-]

Attack angle, or orientation angle for 5-hole probe [°]
Relative flow angle [°]

Blade profile angle [°]

Stagger angle [°], or specific weight p*g [N/m?]
Profile coefficient, or power coefficient [-]

Deviation angle, or orientation angle for 5-hole probe [°]
Cavitation number, or cascade solidity [-]

Cavitation inception number [-]

Relative peripheral positions of rotors [rad]
Circumferential location [rad],

or orientation angle for 5-hole probe [°]

Angular speed of rotor [rad/s]

Angular speed of front rotor [rad/s]

Angular speed of rear rotor [rad/s]

Hydraulic efficiency [-]

Flow coefficient [-]

Head coefficient [-]

At moment for trigger

At inlet



RS
RR

At outlet

Casing wall

Design condition

Front rotor

Hub

Loss

At leading edge

Rear rotor

Static, or sampling
Rotor-stator combination
Rotor-rotor combination
Tip

Vi



1 Introduction

Turbomachinery constitutes a large class of machines which could be found all everywhere
in our civilized world [1]. With the significance of energy transfer between a continuous stream
of fluid and a rotating element, the turbomachines have long been acknowledged to be essential
and indispensable in both the industrial field and the civilized society [2, 3].

Such machines are most commonly categorized into two groups by function: the ones
which absorb power to increase the fluid pressure or head as fans, pumps and compressors, and
the others which generate power by expanding fluid to a lower pressure or a lower head as
hydraulic, steam and gas turbines [2, 4]. Besides that, those machines are also classified
according to the properties of the flow path. The turbomachines in which fluid moves through
the passages in shaft axial direction with no radial movement are called axial flow machines
whereas if the flow streamlines are essentially radial, they are called centrifugal machines.

In the present thesis, | concentrate on the hydraulic performances of a kind of novel axial
flow pump with the contra-rotating rotors applied, thus the several key concepts relevant to this

topic are introduced in the following sections.

1.1  Applications of axial flow pumps
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Fig. 1-1 Schematic drawing of axial flow pump
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In the present thesis, the studies are primarily carried out on the axial flow pump with
incompressible working fluid - water. As shown in Fig. 1-1, in this type of pump, the flow is
assumed to be passing through the passages parallel to the rotating axis of the machine under
the design condition, and the flow area for both inlet and outlet sections are commonly designed
to be equal. The blade rows could be cylindrically developed into a linear cascade, and the
pressure of liquid continuously develops during flowing over the airfoil profiles of the rotor
blades [3, 5].

As an index to flow path shape for turbomachines, the specific speed N; defined as

= — [min*, m*min, m] 11

typically reflects the relationships between their overall performances and global geometries,
where N denotes the rated rotation speed [min™], Q and H respectively the volume flow rate
[m*/min] and the hydraulic head rise [m] at the design condition. As shown in Fig. 1-2, the
various families of pumps appear with their typical specific speed options. The appropriate flow

path turns to be more axial as the specific speed increases [2, 5].
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Fig. 1-2 Maximum efficiencies for various kinds of pumps



It could be easily seen that, the centrifugal pumps, which primarily take advantage of the
centrifugal force effect, are more appropriate to be specified with relatively low specific speeds.
In contrast, the axial flow pumps are more favorable to be designed with high specific speeds,
as well as working with low head rise at relatively high flow rate, and therefore usually appear
with compact structure [5]. Due to their superiorities of pumping liquid at relatively high flow
rates, the axial flow pumps are significantly popular in handling drainage and irrigation for civil,
industrial and commercial uses in the global world.

Besides their most common applications in the forestry and agricultural irrigation, the axial
flow pumps have also been widely employed in other hydraulic engineering fields due to their
strong capacity in water supplies. Toetz D. W. [6], Lawson R. and Anderson, M. A. [7], and
others respectively mentioned the artificial destratification system for optimizing water mixing
in various lakes with the application of axial flow pumps. In China, a great number of large-size
axial flow pumps have been playing significant roles in numerous extraordinarily huge
hydraulic projects, as the South-to-North Water Transfer Project [8, 9].

The axial flow pumps are also used in many fields other than for water supplies. In the
marine field, the axial flow pumps of rotor-stator combination have been widely employed in
various vessels to create a jet of water for propulsion [10, 11]. And due to their compact
structure and superior capacities to pump large masses of liquid, they are also universally tasked
as the cooling pumps, the circulation pumps in power plants, chemical industry, and other
related industrial fields. With the advances of medical researches, the axial flow pumps of
extraordinarily small size have been increasingly developed for the human heart assisting

devices as the implantable blood pumps [12, 13].



1.2 Cavitation in pumps

As a typical phenomenon in the hydraulic machines, cavitation is defined as the appearance
of the vapor bubbles in the flow regions with sufficiently low pressure [1-5]. The inception and
development of cavities are rather unstable and complicated processes influenced by several
elements, such as cavitation nuclei level, boundary roughness condition, environmental pressure,
and even flow turbulence [5].

Figure 1-3 gives the noncavitating performance curve and the suction performance curve of
a typical pump [5]. Usually, the pump’s overall performances are still capable to remain on a
reasonable level at the moment when the cavitation inception occurs as shown in Fig. 1-3 (b).
With the pertinent development of cavitation, a large number of bubbles are conveyed with
streams, which would induce great flow instabilities by growing with the reduced surrounding
pressure and subsequent collapse in the higher pressure region downstream. The unstable
collapse of cavitation bubbles would externally result in the significantly intense noises and
vibrations of the machine. And internally, the machine solid surfaces might be severely
damaged by the extremely high velocities, pressures, and temperatures resulted from the
collapse process [14, 15]. In addition, the ‘attached cavitation” formed by a large number of
vapor bubbles adhere on the rotor blades, significantly deteriorate the pressure distribution on
the blade surfaces, pertinently impacting on the blade loading and therefore the overall

performances of the machine.
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Fig. 1-3 Schematic of noncavitating performance and cavitating performance

To discuss the cavitation performances of the various kinds of pumps, two dimensionless
parameters named as cavitation number ¢ and cavitation inception number o¢; respectively are

given by

=2 7 1-2

=27 1-3

where Py is defined as the averaged static pressure at the pump inlet, P, as the vapor pressure,
Pmin @s the minimum pressure on the rotor blade, and U, as the peripheral velocity of the blade
tip w*r, [5]. It could be seen that the cavitation number ¢ reflects the cavitation potential of the
pump under certain inlet static pressure Py, while the cavitation inception number ¢; evaluates
the inherent cavitation properties of the pump system.

In addition, another two essential parameters the Available Net Positive Suction Head

(NPSH,) [m] and the Required Net Positive Suction Head (NPSH,) [m] [2] are introduced as

NPSH = —+—- — 14
2



NPSH = —+ — 1-5
2 2

where V; denotes the absolute velocity at the pump inlet, V| and W, are specified as the absolute
and the relative velocities at the impeller entrance location ‘L’ as shown in Fig. 1-4, A; and A, as

the coefficients determined by the suction pipe line losses and the blade profile respectively.

|  Rotor Stator

Fig. 1-4 Schematic description of Net Positive Suction Head

Instead of the cavitation number g, NPSH, is often employed in turbomachines to describe
the cavitation potential under certain ambient pressure as well as the cavitation margin offered
by the environment. In contrast, as the cavitation inception number ¢;, NPSH, demonstrates the
static pressure reduction level along the blade profile, and the least static pressure margin above
the vapor pressure at the blade rows inlet to avoid cavitation. Hence, it is clear that NPSH, must
be kept on a level beyond NPSH; to protect a pump from cavitation, while the value of NPSH;,
appears rather difficult to be estimated as a geometric property of blade profile. Universally
NPSHSa, obtained from the pump cavitation experiments as the NPSH available corresponding to
three percent head drop from the noncavitating head as marked in Fig. 1-3 (b), is adopted as the

critical cavitation margin instead of NPSH; [1-5].



1.3 Applications of contra-rotating rotor-rotor combinations

The application of contra-rotating rotor-rotor combination in the rotating machinery has
been increasingly discussed in both the hydraulic and the aerodynamic fields, and numerous
researchers have mentioned it as a promising solution to energy conservation, performance

optimization as well as machine size compacting [16-18].
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Fig. 1-5 Velocity triangles in contra-rotating rotor pairs for pumps

The representative velocity triangles in the contra-rotating rotor-rotor combination for
pumps are schematically shown in Fig. 1-5, where , denote peripheral speed of rotors,
absolute and relative velocities of fluid respectively, and the subscripts 1, 2 stands for the
positions of inlet and outlet. It can be seen that with the outlet swirl velocity of the upstream
front rotor converted into additional head rise by the downstream rear rotor, both of tandem
rotors in this combination are tasked with comparable loading. Compared with the traditional
rotor-stator type in which only single rotor contributes to power transmission, this combination
offers the remarkably reduced machine dimension both in radial and axial directions under the
same design specification. And the each rotor is capable to be designed with reduced structural

strength since the overall loading is comparably shared.



1.3.1 Contra-rotating rotors in aerodynamic field

In the aviation industry, the contra-rotating rotors appeared in the aircraft engine system as
compressors, propfans and turbofans decades ago. Such engine systems with the contra-rotating
rotors applied showed rather complicated structures, but had been proved with a significantly
increased bypass ratio and propulsive efficiency, offering a promising resolution in terms of fuel
consumption reduction [19-23]. In the 1990s, Sharma, P. B. et al. parametrically investigated the
aeroacoustic, aerodynamic and other related performances of a low speed contra-rotating axial
flow compressor stage by the experimental approaches [19-21]. They highlighted that a
contra-rotating compressor stage with an optimum speed ratio provided a high through-flow
capacity, and moreover a wider stall-free operation range as well as fairly improved off-design
performances, and they also identified several key factors which affect the aeroacoustic and
aerodynamic performances in the contra-rotating compressor stage. Latterly, the numerical
technology was increasingly employed in the studies on the internal flow of contra-rotating
compressor, and various unsteady simulation methods were demanded due to the inherently
unsteady blade-to-blade flow field characterized by such two oppositely rotating rotors. Chen, Y.
Y. et al. investigated how the certain rotor parameters affected the performance of a
contra-rotating axial flow compressor by the numerical approaches, which offered the results
well agreed with their experimental data [22]. Knapke, R. D. et al. presented a three dimensional
time accurate simulation for a contra-rotating aspirated compressor by a commercial CFD
(Computational Fluid Dynamics) solver FINE™ TURBO, which made its internal flow
structures better understood, and further discussed the superior stall margin in the
contra-rotating type compressors [23].

As mentioned above, driven by the corresponding contra-rotating compressors and turbines,

the contra-rotating propfans were proved with considerably high bypass ratio and propulsive



efficiency compared with the traditional single rotating type due to their swirl-free exit flow
condition [24-26]. Besides that, such type of propfans were also widely required due to their
highlights of better power partitioning, optimum off-design condition, and reversible thrust [24].
Plenty of pertinent studies in their performances could be found in last decades, and most of
them concentrated on the significant interactions and other related flow properties induced by
two oppositely rotating blade rows. Such researches of the aeroacoustic performances and
aerodynamic interference on this type of rotor-rotor combination has been well developed based
on the studies of Hubbard, H. H., who pioneered the counter-rotation propeller noise analysis
and recognized the major interference mechanisms in the 1940s [27]. Hanson, D. B. pertinently
carried out the theoretical analysis and prediction for the noise generated from contra-rotating
propellers [26]. In his researches, the general waveform formulas considering all the noise and
loading harmonics due to the contra-rotating rotors were raised, by which the fluctuation modes
associated with the rotor-rotor interactions and their corresponding frequencies were recognized,
and he moreover emphasized that the acoustic and aerodynamic interferences must be treated
separately due to their inherently different mechanisms. Woodward, R. P. experimentally
investigated the noise generation from various unsteady aerodynamic phenomenon in two
high-speed contra-rotating propellers under various operating conditions, and analysed the
rotor-rotor interaction by the acoustic modes associated with the Blade Passing Frequency (BPF)
of both rotors [28, 29]. With the numerical technology of Computational Fluid Dynamics (CFD)
and computational aeroacoustics (CAA) coupled, the parametrical study becomes more practical
to investigate the rotor-rotor interaction with various mechanisms and their individual
contribution to the contra-rotating propeller noise, by which plenty of optimization concepts in
both acoustic and aerodynamic performances were raised and validated [30-32].

Generally, confirmed with high bypass ratio and propulsive efficiency, the contra-rotating



type aircraft propeller system still shows the limited application due to the relatively intense
noise as well as various rotor-rotor interactions. According to the researches cited above [24-33],
for such passage flow field with high relative Mach number, these interactions are dominated by:
1) the interference between front rotor’s viscous wakes and rear rotor, 2) the interaction between
front rotor’s tip vortices and rear rotor, and 3) the influence on front rotor from the shockwave
originated at the leading edge of rear rotor.

In contrast, the contra-rotating rotor-rotor combination in subsonic application appears with
an incompressible flow field, free of shock and the relative low rotor interaction. As the cooling
or ventilation approaches, it becomes increasingly favourable due to the compact structure, and
has been proved with rather wide high efficiency range compared with the rotor-stator type

under the same design specification [16, 34, 35].

1.3.2 Contra-rotating rotors in hydraulic field

In contrast to those applied in the aerodynamic field, the contra-rotating rotors appear with
a relatively narrower application and quite different design considerations in the hydraulic field.

In the marine industry, they have been adapted in the propulsion systems for various vessels.
Compared with the aircraft propellers, the unshrouded ship propellers give the incompressible
flow field with relatively low velocity, for which the researches are more concentrated in their
hydraulic and cavitation performances rather than acoustic performances. With the fundamental
benefits of efficient usage of outflow energy, lower loading for individual blade, etc., the contra-
rotating rotor-rotor combination is moreover supposed to have superior cavitation performance,
since the rotation speed of the individual rotor is well reduced compared with the traditional
type under the same overall design specification. In ref. [36], Chen, B. Y. —H. and Reed, A. M.

offered a brief review on the development of contra-rotating ship propeller design, and

10



highlighted its several advantages over the single screw ship propellers: energy recovery, high
efficiency, smaller optimum diameter, lower blade loading, torque balance, and optimized
cavitation performances.

The contra-rotating ship propellers were primarily designed on the basis of the empirical
methods for the traditional single rotor propellers. The two tandem propellers were separately
designed with the ideal loading distribution specified, and the interference between them were
neglected. In the 1970s, Van Gunsteren, L. A. developed a contra-rotating propeller design
method considering the interaction effects between the two oppositely rotating rotors, in which
the mutually induced velocity components and pressure variation were introduced [37]. Based
on that, Caster, E. B. and LaFone, T. A. proposed an advanced design program, in which the
circulation distribution and other design inputs of the forward and aft propellers were no longer
identically specified, and a more sophisticated calculation model for the mutually induced
velocities was incorporated [38]. Later, plenty of optimized design methods were consecutively
proposed with further developed computation concepts for the interaction effects, and the more
detailed flow features (such as cavitation, hub effects) were also concerned in those design
systems [18, 39-41]. In general, the design methodology of contra-rotating type propeller
experienced a gradual transformation from the classic theories for the single rotating propeller.
As the design inputs, the distributions of related parameters are respectively specified for the
two propellers, with the great concerns of the influences induced by each other.

In recent decades, the concept of contra-rotating axial flow pump was raised and discussed
as a promising resolution for the industrial fields in which the pumps of high specific speed and
compact structure are required. With the fundamental benefits of the contra-rotating rotor, this
type of axial flow pump was confirmed to have more stable performance curves and wider high

efficiency operation range by the experimental approaches [42, 43], and was also proved to have
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relatively reinforced blade row interaction [44, 45] as discussed in all above applications of the
contra-rotating rotor-rotor combination.
Since the application of the contra-rotating rotor pair in the axial flow pump is primarily

studied in the present research, the brief status is given in the next sections.

1.4  Contra-rotating rotors in axial flow pumps

The energy recycling and structure compacting have been repeatedly emphasized as the
highlights of the contra-rotating rotor-rotor combination. For axial flow pumps, Furukawa, A. et
al. theoretically compared the fundamental performance characteristics of the conventional axial
flow pump and the contra-rotating type [45].

The theoretical hydraulic Head (Euler Head) of axial rotors on the cylindrical surface

of diameter  are presented as follows,

tan

_ 3 1 2tan +tan '

where the subscripts RS and RR respectively denote the conventional rotor-stator and the
contra-rotating type, and  denote the front and rear rotors in the contra-rotating type. In
addition, is defined as the relative flow angle at outlet, and the coefficients and as
constant values. Moreover, the both rotors in the contra-rotating axial flow pump are specified
with the equal rotation speed of there.

For two types of axial flow pumps, given the identical design specifications of .=

at the design flow rate  , the following two expressions are derived:

12



-1 1-8
V3
2tan tan 1
+ = 1-9
3tan 3tan V3

Equation (1-8) offers a quantitative relation between the two types of axial flow pump,
from which it is easy to conclude that either the rotation speed or the rotor diameter
could be reduced to obtain the equivalent head rise in the contra-rotating axial flow pump. And
as described by Eq. (1-9), the relative outflow angle for two contra-rotating rotors are also
linked with the rotor diameter and the corresponding angle in the single rotor case. The
reduction in either of these two parameters ( and ) would result in decreased rotor
peripheral velocity  and in turn decreased relative velocity as illustrated previously in Fig.
1-5. Combining the definition of NPSH;, in Eqg. (1-5), the contra-rotating axial flow pump is
expected to be superior in the cavitation performance, since a much lower NPSH; is acquired
under the comparable design specification.

Moreover, in the conventional axial flow pump, the stator is commonly designed with a
rather large length, to make the water flow smoothly turn to the desired direction as well as to
minimize losses during the flow turning in it. Replacing the stator, the rotating rear rotor is
supposed to take a well reduced axial length [42], realizing the remarkable compact space in
both radial and axial directions for the contra-rotating rotor pair.

Additionally, the theoretical head rise of the contra-rotating axial flow pump at the full flow

rate range could also been derived as,

tan
= 1- — +3 1- — 1-10
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Compared with the rotor-stator combination with the theoretical performance curve
expressed by Eq. (1-6), the contra-rotating rotor pair inherently shows a steeper negative slope
on its performance curve ( - curve) as described by Eq. (1-10), which was supposed to be
rather favorable in terms of the operation stability of whole pumping system [4, 5]. And in ref.
[42-45], this performance curve characteristic has been confirmed by numerous experiments

on the prototype contra-rotating rotors.

Front rotor

Rear rotor

;
% WZIFAVZJ |

72
Lr

Fig. 1-6 Velocity triangles at off-design condition with RSC

With the contra-rotating rotors driven by independent motors, the contra-rotating axial flow
pump presents another highlight in the individual rotation speed control (RSC) for the two
rotors at the off-design condition [46]. As shown by the left-hand side part in Fig. 1-6, the
reduced flow rate results in the deviated velocity triangles, and the nonzero flow swirl appears at
the rear rotor outlet. The inflow condition of the rear rotor is remarkably influenced by the flow
rate variation, which indicates the increased shock losses and consequently the reduced
efficiency. With the appropriate individual RSC for the two rotors, the velocity triangles at the
corresponding flow rate are supposed to adjust to the optimized status as shown in the
right-hand side part of Fig. 1-6. Consequently, the overall pump efficiency is in turn expected to

be well improved with the realization of no swirl outflow as well as the velocity triangles
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resembling those at the design flow rate. In ref. [46], Momosaki, S. et al. experimentally
confirmed the improvement of the pump overall efficiency with RSC applied at the partial flow
rates, but the flow similitude in terms of rotor speed was proved partly available to explain the
variation of the performance and velocity distributions.

While, as previously addressed in the other applications of contra-rotating rotors, the blade
row interaction in this type of axial flow pump also appeared to be relatively severe over the
rotor-stator interaction in the traditional type [44-47]. In the contra-rotating axial flow pump
designed with equal rotation speed ( = ) for both front and rear rotors, the flow pattern
around the rotor-rotor interface was confirmed to be rather complicated with several large scale
flow recirculation by both the experimental and simulation approaches [47, 48]. The
blade-to-blade distribution of static pressure ( ) was found to be highly unsteady especially at
the partial flow rate, and the low pressure regions of the rear rotor seriously impacted on the
high pressure regions of the front rotor [44].

Due to the limitation of the experiment systems, Furukawa, A. et al. investigated the
cavitation inception in both types of axial flow pumps by adjusting the operation condition
rather than reducing the ambient pressure [42]. The photos in Fig. 1-7 were taken after the
cavitation inception occurred in two axial flow pumps at the partial flow rate Q = 20%Qy, where

Qq denotes the design flow rate of each pump.

Front Rafor Rear Rotor

(a) Rotor-Stator type at Q =20%Qq (b) Rotor-Rotor type at Q =20%Qq

Fig. 1-7 Cavitation inception in two types of axial flow pump at the off design condition

15



It has been discussed in the previous section 1.2, that the cavitation inception was supposed
to occur around the rotor blade leading edge at the pump inlet side as observed in the
rotor-stator type pump (Fig. 1-7 (a)), since the static pressure there fell to the minimum value.
Nevertheless, in the contra-rotating axial flow pump as shown in Fig. 1-7 (b), the cavitation was
unexpectedly found at the leading edge of the rear rotor, where it was thought to have the well
raised static pressure after the flow developed through the front rotor cascade. This was majorly
due to higher relative inflow for the rear rotor as can be seen from Fig. 1-6, but was partly
ascribed to the great static pressure reducing in the gap between the front rotor’s trailing edge
and the rear rotor’s leading edge, as one of the consequences lead by the significant
blade-to-blade potential interaction. It implied a remarkable efficiency deficit of the rear rotor,
and was quite deviated from the design expectation of the continuous head rising in the

contra-rotating rotor pair.

1.5 Research outlines

From all the findings discussed in above sections, it can be understood that for the
contra-rotating rotors, the theoretical advantages of energy recovery are usually accompanied
with the complex internal flow structures and the significantly enhanced blade rows interactions.
To enlarge the benefits of this type of rotor-rotor combination, more careful design for the
relevant parameters is imperative. As mentioned in Sec. 1.3, plenty of researchers have been
concentrating on the parametrical studies on the contra-rotating rotors in their specific fields,
and most of them pointed out the significance of the speed ratio in improving their rotor pairs’
performances.

In the axial flow pump field, based on the theoretical analyses and the investigations (by

experiment and CFD) on the prototype contra-rotating axial flow pump reported before, the
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work division as well as the rotor speed combination is also considered as the very important
and decisive parameters to the contra-rotating rotors’ performances.

Hence, the present thesis primarily discusses the possibilities to improve the hydraulic
performances of the contra-rotating axial flow pump by rearranging the work division as well as
the rotation speed combination in the contra-rotating rotor pair. In the following chapters all of
the contents focus on such concept. They elaborate the determination method for the new speed
combination, the detailed considerations in the new rear rotor design, the subsequent
performances testing results of the new rotor pair, and the pertinent investigations on its internal
flow structures and pressure distributions, which are briefly described as follows:

In Chapter 2, a full overview of the performance experiment system and CFD simulations
will be given. An introduction of the testing system and related measurement technology for the
pump performance experiments is firstly presented. Then the internal flow field investigation
method using the major velocity measuring tool the 5-hole probe is introduced with its key
parameters. The CFD method is finally described in detail with some key arguments and
simulation models.

In Chapter 3, the design specifications of the second generation prototype contra-rotating
rotors (herein named RR2 pair), designed in Flow Control Systems Laboratory of Kyushu
University [42, 45], are firstly presented. The hydraulic performances, the internal flow
properties as well as its pressure distributions are then discussed. Combining with the findings
in RR2, the different-speed design method is proposed in expectation of the improved hydraulic
performances of the contra-rotating rotors, and in this concept the rotation speed combination of
the two rotors is determined based on the reduced cavitation parameter NPSH, for the rear rotor.
Relying on such design idea and several other considerations about the rotor blade profile

geometries, the rear rotor is then redesigned with the reduced head rise and rotation speed. To
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preliminarily validate such design idea, three types of RR3 rear rotors were proposed and then
their performances are investigated by the numerical simulation approaches.

In Chapter 4, the investigations into the hydraulic performances of the newly designed
contra-rotating rotor pair RR3, are carried out by both experimental and CFD approaches. In
addition to the performance evaluation, the discussion is made on the flow physics behind the
improved or degraded performance using measured and simulated flow fields.

In Chapter 5, the rotor-rotor interactions, which often become the sources of noises and
vibrations, are investigated in the newly designed contra-rotating rotor pair. As the major
experimental approaches in the blade rows interaction investigations, the casing wall static
pressure measurement methods are firstly introduced. Then, the axial distributions of the Blade
Passing Frequency (BPF) in two types of contra-rotating rotor pairs are presented, and moreover
the pressure fluctuation modes with the frequencies both synchronous and non-synchronous to
the BPF components are discussed. Finally, by transferring the casing wall pressure data
sampled in time domain into space domain, the ensemble averaged blade-to-blade pressure
distributions at the blade tip of two contra-rotating rotors are studied, and the associated blade
loading curves are presented.

Finally, the conclusions from the present researches about the contra-rotating axial flow

pump with different-speed rotors are given in Chapter 6.
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2 Performance experiments and numerical simulation approaches

This chapter primarily aims at introducing the testing system for the pump performance
experiments. The testing system for the pump performance experiments and the related
measurement devices are firstly presented here. Then the internal flow field investigation
method is given, and as the major velocity measuring tool the 5-hole probe is introduced with its
key parameters. The CFD (Computational Fluid Dynamics) method is finally described in detail
with some key arguments and simulation models. The other important experimental approaches
such as the casing wall pressure measurement, limiting streamline visualization will be

respectively described in the corresponding chapters, where they are used.
2.1 Performance experiment system and relevant measurement devices
2.1.1 Overview of performance experiment system

The testing system for the pump performance experiment is schematically described in Fig.
2-1. The water is supplied to the test contra-rotating axial flow pump from an underground
water reservoir by a centrifugal boost pump which is not sketched here, and eventually returns
back into the same reservoir. The flow rate is measured by an orifice flow meter installed far
upstream of the test pump to keep the inflow to the pump undisturbed. The flow rate (from 10%
to 120% of design flow rate ) is adjusted by the appropriate opening of the flow control valve
installed far downstream of the test pump outlet.

A concentric shaft structure enables the two contra-rotating rotors to be driven by a couple
of motors independently. The two driving systems can be recognized in Fig. 2-1, which are
sketched respectively in green and purple. The front rotor (in green) fixed on the inner shaft is

directly driven by a motor, while for the rear rotor (in purple) connected with the outer shaft, a
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timing belt device (transmission ratio as 1:1) is employed to transmit the driving power from
another motor. Between each motor and the corresponding shaft, a torque meter is installed to

measure the driving torque and in turn the power consumption for the respective rotor.
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Fig. 2-1 Schematic view of experiment system for performance testing

The chief dimensions of the contra-rotating axial flow pump throughout this thesis are
given in Table 2-1, where the subscripts c, h and t respectively denote the casing, the rotor hub
and tip. The front and rear rotors have the same hub () and tip () diameters as shown here.
The gap between two rotors is set to be 10% of the chord length of front rotor blade at hub, and
then the gap near the blade tip is much larger due to the larger stagger angle and smaller axial
length of the front rotor blade at tip. The detailed blade profile dimensions will be presented

later. For example, those of the prototype pump will be shown in Sec. 3.1 of the following

Chapter 3.
Table 2-1 Chief dimensions of prototype contra-rotating axial flow pump
[mm] [mm] [mm] / [] Tip clearance [mm]
200 100 198 0.505 1

Three sections at Pos.0, Pos.3, and Pos.5 are selected to represent the pump inlet, the front
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rotor’s outlet (also, the rear rotor’s inlet), and the pump outlet respectively. The casing wall
static pressure measured at those sections are adopted in the calculation of the hydraulic
head rise as described in Table 2-2. The dynamic head based only on the area averaged axial
velocity ~ at the corresponding locations are considered. and  respectively denote the
measured torque and the angular velocity of each rotor, and subscript ‘loss’ represents the

mechanical torque loss of the respective rotating unit.

Table 2-2 Hydraulic performance calculation from measurement results

[m] [-]
T T +
Contra-rotating pump (, +—)-(, 6 +—) ———
Front rotor ( +—)-(, 6 +—) D)
Rear rotor -
(=)

In the following sub-sections, the major subsystems of the testing pump system are
introduced in detail. Fig. 2-2 offers a schematic description about the whole measurement
system, which chiefly consists of the following function modules:

1) Variable speed driving units

2) Rotation speed monitoring

3) Torque measurement

4) Flow rate measurement

5) Pump head rise measurement

6) Internal flow field measurement
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Fig. 2-2 Measuring system comprised by 6 function modules [49]

2.1.2 Variable speed driving units

As mentioned above, the front and rear rotors are driven by two 3-phase motors separately.
The each motor is equipped with an inverter to establish the variable frequency drive system,
which enables the corresponding motor working at the variable speed by adjusting its input
voltage frequency and magnitude. In turn, driven by the respective motor at different speed, the
individual rotation speed control of the contra-rotating rotors is realized. The chief parameters

of the 3-phase motor and inverter employed here are given in Table 2-3 as follows.
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Table 2-3 Chief parameters of driving units

General purpose  Model Hitachi TFO-KK
3-phase motor Power 5.5kwW

\oltage 220V

Rated Speed 1800min™
Inverter Model Hitachi J300-055LF5

Applicable Motor Capacity ~ 5.5kW
Output Frequency Range 0.1 400Hz

Frequency Resolution Digital: 0.01Hz/60Hz

2.1.3 Rotation speed monitoring

The monitor system for the each rotor’s rotation speed as well as the corresponding motor
speed is comprised by a rotating wheel gear (teeth number: 120) fixed at the respective shaft, a
magnetic detector (ONOSOKKI MP-981) and a digital tachometer (ONOSOKKI TM-2130),

whose specifications are given in Table 2-4.

Table 2-4 Specifications of rotation speed monitoring magnetic detector

Magnetic detector Model ONOSOKKI MP-981
Detection Method Hall element
Measurement Range 1 Hzto 20 kHz (1 to

20,000 r/min)

Detection Gear Tooth width = 3mm
Output Waveform Rectangular waveform
\Voltage Output 5V
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2.1.4 Torqgue measurement

As mentioned in the overview, a torque measuring system is provided for the estimation of
the driving torque as well as the power consumption. It is comprised by a torque transducer
(TP-5KMCB) and its digital display (DPA-101A). The major specifications of these devices are
given in following Table 2-5. Since this thesis focuses on the hydraulic performances of the
pump, the mechanical torque losses are separately estimated by driving the shaft at the

corresponding rotation speed in the air.

Table 2-5 Specifications of torque measurement devices

Torque Transducer Model TP-5KMCB
Rated Capacity 49N m
Rated Output 1.5mV/V (3000um/m)
+0.2%
Nonlinearity Within £0.2%R0O
Hysteresis Within £0.2%R0O

2.1.5 Flow rate measurement

As one of the most popular flow rate measuring devices, an orifice flow meter estimates the
flow rate from the static pressure variation across the orifice [50].

In the testing system, the orifice flow meter is installed far upstream of the test pump inlet
to keep the inflow to the pump undisturbed. Given the geometries of the orifice plate (shown in
Table 2-6) and the static head difference A  between the upstream and downstream of the
orifice, the flow rate is estimated as the following equation, where A represents the area at the

converged section = /4,
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in which the discharge coefficient

JI1SB8302-1990 [51].

is determined according to Japanese Industrial Standard

Table 2-6 Major geometrical features of orifice plate

Orifice Pipe Diameter D

196 mm
Orifice Diameter d 120 mm
Discharge Coefficient 0.654
Applicable Reynolds Number Re > 11x10*

Area Ratio

Discharge Coefficient a

(d /D)2=0.374

0.597 0.011 +0.432 2

The static pressure difference A

between the upstream and downstream of the orifice is

directly measured by a differential pressure transducer (Kyowa PD-1KA) and then amplified by

an instrumentation amplifier (WGA-710A), whose specifications are shown in Table 2-7.

Table 2-7 Chief parameters of orifice differential pressure transducers

Differential Model Kyowa PD-1KA
Pressure Rated Capacity 100kPa
Transducers Rated Output 1.5 mV/V (3000um/m)
+1%
Nonlinearity Within £0.3% RO
Hysteresis Within £0.2% RO
Instrumentation Model Kyowa WGA-710A
Amplifier \oltage Output 10V
Nonlinearity Within £0.03 % FS

Frequency Response Range

DC~10 kHz
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2.1.6 Pump head rise measurement

The static pressure on the casing wall is measured by the pressure transducers at five
positions Pos.0 ~ 5 to capture the pressure variation through the pump rotors as illustrated in Fig.
2-2. Among those locations, only the static pressure at Pos.0 is directly measured by the
pressure transducer (PG-2KU) for the evaluation of the suction pressure. The static pressure
variations A  from the suction pressure are acquired by the differential pressure transducer
(PD-1KA) for other four locations. All of these pressure information are treated by the same

type of amplifier (DPM-603A) with the specifications as listed in the following Table 2-8.

Table 2-8 Specifications of head rise measurement devices

Pressure Model Kyowa PG-2KU
Transducers Rated Capacity 200kPa
Rated Output 2 mV/V (4000pm/m)
+1%
Nonlinearity Within £0.3% RO
Hysteresis Within £0.3% RO
Differential Model Kyowa PD-1KA
Pressure Rated Capacity 100kPa
Transducers Rated Output 1.5 mV/V (3000um/m)
+1%
Nonlinearity Within £0.3% RO
Hysteresis Within £0.2% RO
Amplifier Model Kyowa DPM-603A
\oltage Output 10V
Nonlinearity Within £0.02 % FS

Frequency Response Range  DC~10 kHz
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2.2 Internal flow field measurement

To better understand the internal flow pattern, a 5-hole probe is employed for the velocity
distribution measurement. The velocity distribution is investigated in four sections of Pos.1,
Pos.3, Pos.4 and Pos.5 as marked in Fig. 2-2 and Fig. 2-3, which respectively represent the flow
status at the front rotor inlet, the rear rotor inlet (the front rotor outlet), the rear rotor outlet and
the outlet of the whole pump. The measurement at each section is carried out at ten radial
positions marked by the open circles in Fig. 2-3, which radially distribute from the hub area

(~—~ =0.525) to the tip area (-~ = 0.975) with an even interval of 5Smm.

Pos. 1 Pos. 3 Pos. 4 Pos. 5
{12.8 38.1 } ‘
. ] ] /] /]
[ \ ® % i
Measurement] | \ ? . 3 s
points ¢ | Front ? | Rear :'. 3 E
o | rotor \_ s | rotor | 5 ° :
b \_ 3 ' bt $

3
N

. rir,
=0.975 [=0.525

Fig. 2-3 Schematic view of velocity distribution measurement

2.2.1 Flow measurement by 5-hole probe

The 5-hole probe is a common measurement device for the flow velocity investigation,
which consists of a central stagnation hole (Hole 1) and other four symmetrically displaced
holes (Hole 2~5) as shown in Fig. 2-4. It is capable to obtain the local flow direction, the static
pressure and the dynamic head where the incoming angle is unknown and/or significantly

varying [52].
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Fig. 2-4 Measurement method of 5-hole probe

Generally in the present case, given the rotor’s cylindrical coordinate system (r, 8, z) as
shown in Fig. 2-4 (a), the probe is radially inserted in the flow field with the central hole’s axis

parallel to the 8-z plane, and determines the flow direction and velocity magnitude by revolving
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on its probe axis. With the dimensions as shown in Fig. 2-4 (c), the probe head is thought to be
rather small compared to either of those two rotors which have been designed with the hub
diameter of 100 mm and the tip diameter of 198 mm. Hence, the flow disturbances due to the
insert of the probe are believed to be fairly low, and the velocity distributions acquired in this
way is considered to be sufficiently reliable.

The measured three dimensional velocity vector V sketched as red in Fig. 2-4 (a) could be
decomposed into the axial component V,, the radial component V, and the tangential component
Vi as marked in blue, and the related orientation angles are defined in Table 2-9. These velocity

components can be specified by the 5-hole probe in the following way.

Table 2-9 Definitions of orientation angles for velocity vector

Orientation 0 Angle between the axis z and the vertical projection

fV on the 8-z pl
Angles of V on the 8-z plane

1) Angle from V to the 8-z plane

a Angle between the axis z and the vertical projection
of V on the r-z plane

As shown in Fig. 2-4 (b), the local static pressure of each probe hole is compared with that
of another position by certain differential pressure measurement devices. When the central hole
axis aligns with the incoming flow direction in the 6-z plane, the probe hole 2 and 3 would offer
the same static pressure reading as well as the same water level in the U tube, and the
orientation angle 8 is thus determined as the reading of the probe revolving angle at this moment.
Moreover, the pressure differences between hole 1 and Pos. 0, hole 1 and 4 as well as hole 1 and
5 are simultaneously recorded by their respective transducers, as the inputs for the estimation of
the corresponding orientation angle J. In the next section, the estimation method for the

orientation angle dand the calibration of the 5-hole probe will be described in detail.
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2.2.2 Calibration of 5-hole probe

For the precise flow measurement using 5-hole probe, the calibration curves are essential to
represent the relationships between the measured pressures at the five holes and local total
pressure, static pressure, dynamic pressure, and flow direction [53]. Those relationships are
obtained from the calibration experiments before the probe is put into use, and usually
expressed as the variation of the dimensionless pressure coefficients with the flow angularity.

For the 5-hole probe employed in the present researches, the calibration experiments were
carried out in a wind tunnel with the airflow velocity as 16 128 m/s, corresponding to the
water flow velocity of 1 8 m/s. And such velocity was determined according to the Reynolds
number range in which the calibration data are unaffected by its variation, and in this calibration
the Reynolds numbers were calculated based on the probe head diameter. Varying the angle (J)
between the tunnel nozzle axis and the central hole axis of the probe from -45° to 45°, the
pressures at all probe holes were simultaneously recorded by the corresponding pressure
transducers, and then the correlative dimensionless parameters were calculated as listed in Table
2-10 [54].

In Table 2-10, represents the static pressure of the incoming airflow, denotes the
pressure measured at the probe hole i. By such calibration experiments, the present 5-hole
probe’s response characteristics to a known flow field is obtained as shown in Fig. 2-5, based on
which the flow orientation angle J and the velocity components could in turn be estimated with

the static pressure measured at probe holes.
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Table 2-10 Key parameters in 5-hole probe calibration experiments

. . fici ==/
Orientation Coefficient ()= 7
I . __O- O_ -
Calibration Coefficient ()= O= O —
1
O=5-70
()=1- (0)

7=1/(C1-Cs)

7=1/(C1-Cy)

71=(C1-Cs)/(C1-Ca) 71=(C1-Ca)/(C1-Cs)

(@) Orientation coefficient () andangle (b) Calibration coefficient ( ) and angle &
Fig. 2-5 Calibration curves of 5-hole probe [54]

Generally in the present experiments, with the measured pressures , and , the
characteristic () is calculated to evaluate the orientation angle &, by which another
parameter () is read from the calibration curves, and then the corresponding incoming flow

velocities and total, static pressures are obtained as described in Table 2-11.
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Table 2-11 Calculation of velocity components and relevant pressures

Velocity =2 - () (= )
Components

= COS CO0S

= ¢os sin

= sin

=tan (/)

= 7+ () /2
Pressures

= - /2

2.2.3 Pressure measurement devices

As shown in Fig. 2-4 (b), except for the probe holes 2 and 3 which are connected with the
water columns for the static pressure comparison, the other probe holes are respectively
equipped with the differential pressure transducers and also amplifiers. For the combination of
central hole 1 and upstream Pos. 0, a differential pressure transducer of larger capacity

(PD-1KA) is adopted, while for the other combinations, the pressure transducers of relatively

smaller capacity (PD-500GA) are employed.

Table 2-12 Specifications of 5-hole pressure measurement devices

Differential Model Kyowa PD-500GA
Pressure Rated Capacity 50kPa
Transducers Rated Output 1.5 mV/V (3000um/m)
+1%
Nonlinearity Within £0.3% RO
Hysteresis Within £0.2% RO

32



Since the specifications of the transducer ‘PD-1KA’ and the amplifier ‘DPM-603A’ have

been given in Sec. 2.1.6, only the type of ‘PD-500GA’ is described in Table 2-12.

2.3 Numerical simulation method

To further understand the internal flow properties of contra-rotating axial flow pump which
is not accessible by the experimental approaches, the numerical simulations are imperative in
the present researches. In this thesis, all of the simulation works were done with the commercial
Computational Fluid Dynamics (CFD) code ANSYS CFX (13.0 or 14.0). The modeling and
computational grid generations were done by ANSY'S Turbogrid (13.0 or 14.0).

Based on the most common CFD solution method - finite volume technique, ANSYS CFX
derives a full picture of the flow behavior by discretizing and iteratively resolving a series of
essential partial differential equations in each control volume. Those equations include three
components of Navier-Stokes equations describing the momentum conservation of fluid, the
continuity equation describing the mass conservation law, and the energy equation, the last of
which is solved if necessary [55]. To resolve the complex turbulent flow with limited computer
resources, it is common to employ the turbulence model. Although the large eddy simulation is
available in ANSYS CFX, for this study, two equation eddy viscosity model is used by coupling
the Reynolds Averaged Navier-Stokes (RANS) equations instead of directly simulating
Navier-Stokes equations.

For the contra-rotating axial flow pump case in the present researches, both the steady-state
and unsteady-state simulations were conducted with the CFX module of Turbomachinery. The
former one was commonly adopted for the preliminary estimation of pump performance, while
the unsteady-state simulations appeared to be more reliable to offer the detailed internal flow

structures since the internal flow of contra-rotating axial flow pump has been known as fairly
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unsteady due to the rotor-rotor interaction.
The numerical simulation results for two pairs of contra-rotating rotors are discussed later
in this thesis. These two pairs share the identical simulation settings, and only differ in the

computation mesh due to the varied blade profiles.

2.3.1 Computational grid

ANSYS Turbogrid was employed to build the computation meshes for the contra-rotating
axial flow pumps. For the steady-state computation only one blade passage for each rotor could
be modeled, while for the unsteady simulation, the entire front and rear rotors with full
annuluses were built to much more precisely reproduce the complicated flow structure at the
rotor-rotor interface. As shown in Fig. 2-6, the each mesh is comprised by two oppositely
rotating domains. The inlet boundary is located 4D, upstream of the front rotor’s leading edge,
while the outlet boundary is placed 1.3D.downstream from the trailing edge of the rear rotor.
Between the blade tip and the cylindrical casing, i.e. tip clearance, 10 nodes are radially

distributed in expectation of capturing the tip leakage flow.

Inlet
Mass flow

Fig. 2-6 Computational model of contra-rotating rotors
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In general, for the model with the two entire rotors, the total number of the calculation
nodes goes up to around 1.41 million for both the prototype pump mesh and the newly designed
pump mesh, in which the node accounts for the front rotor domain and the rear rotor domain are
0.69 million and 0.72 million respectively. And they were both proved sufficiently fine to offer

the simulation results of low grid-dependence.

2.3.2 Boundary conditions and domain interface
Both the steady and unsteady simulations adopted the similar boundary conditions as shown
in Table 2-13, while at the interface between two rotors' domains, the quite different frame

change models were respectively specified according to their different computation purposes.

Table 2-13 Boundary conditions and domain interface setting [56]

Inlet Steady & Type: Mass flow
Boundary Unsteady Flow Direction: Normal to the boundary

Simulations  Turbulence: Medium

Outlet Steady & Type: Opening (2 way flow allowed)
Boundary Unsteady Mass and Momentum: Entrainment / Static Pressure
. . as Atmosphere
Simulations P

The pressure value is taken to be static pressure for both
the inflow and outflow, and the direction is obtained by
enforcing the velocity gradient perpendicular to the
boundary to be zero [56].

Turbulence: Zero Gradient (Fully developed turbulence
condition)

Wall Steady & Mass and Momentum: No slip wall
The fluid immediately next to the wall assumes the

Condition Unsteady ) Y i
velocity of wall. The near wall fluid of low Reynolds
Simulations  number is treated according to the k-w based SST

Model (turbulence model mentioned in Sec. 2.3.3).
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Domain

Interface

Steady

Simulation

Frame Change: Stage

Application: Preliminary performance prediction near
the design operation conditions with only one passage
applied.

Description: It performs a circumferential averaging of
the fluxes through bands on the interface, and accounts
for the time average interaction effects, but neglects the
transient interaction effects. It is highly appropriate
when the circumferential variation of the flow is of the
order of the component pitch.

Steady

Simulation

Frame Change: Frozen Rotor

Application: To acquire the initialization for a transient
analysis.

Description: The two frames connect with the relative
position fixed throughout the computation, but with
proper equation transformations made. It produces a
steady state solution to the multiple frame case with
very limited account of the frame interactions.

Unsteady

Simulation

Frame Change: Transient Rotor-Stator

Application: Detailed simulation for the internal flow
structures and rotor-rotor interactions.

Description: It predicts the more plausible transient
interaction of the flow between the domains with
different speed, in which the relative position of the
grids on each side of the interface is updated each
timestep.
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2.3.3 Turbulence model

In the present investigations, great emphasis was placed on the phenomenon of secondary
flow and flow separation, which always originate from the boundary layer under the great
adverse pressure gradient, since they were believed to be rather critical to induce the pump
performance deficiency. For the limitation in the computation resources, the economical
eddy-viscosity turbulence models based on the Reynolds Averaged Navier-Stokes (RANS)
equations are preferred in this study. Hence, as the most prominent two-equation models
proficient in the flow separation predictions, the k-w based SST (Shear Stress Transfer) Model
was employed in all of the simulation works. It applies the k- model in the far field free shear
flows, and adopts the k-w formulation in the near wall treatment for low-Reynolds number
computations [56].

In both the k-g and k-w models, k [m?/s°] represents the turbulence kinetic energy as well as
the variance of the fluctuations in velocity. And & [m?%s’] is defined as the turbulence eddy
dissipation which means the dissipating rate of the velocity fluctuations, w [s™] as the turbulent

frequency. The turbulence viscosity in the SST model is calculated by,

2.3.4 Basic settings of unsteady simulations

In the unsteady simulations, the discretization algorithm for the advection scheme and the
transient scheme were respectively specified as High Resolution and Second Order Backward
Euler Scheme.

As a key characteristic to track the progress of real time during simulations, the timestep
was set to be a constant value with the consideration of the both rotors’ rotation. It corresponded

to the real time duration of 1° relative rotation between the front and rear rotors, which could be
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calculated by the following equation,

1 60

A= 2-2

For the preliminary calculation beginning with a long meaningless flow fluctuation period,
the total time duration must be specified with a sufficient length to obtain satisfied convergence.
While in the latter runs for the performance evaluation, the time duration t should also be
determined with special care in order to acquire sufficiently accurate time averaged values. In
the present simulations, it was set as the real time to finish at least 4 full relative revolutions

between two rotors as follows,

60

where n denotes any integer greater than or equal to 4 in this study.

2.3.5 Performance evaluation with simulation results

1 TANSYS

Noncommercial use only

Fig. 2-7 Performance evaluation with simulation results

The locations which were used for the hydraulic performance calculation in the experiments

as mentioned in Sec. 2.1.1, were again adopted to evaluate the related pump performance from
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the simulation results.
The head rise was respectively evaluated with the circumferentially averaged static pressure
, and the mass flow averaged total pressure at Pos.0, Pos.3 and Pos.5. The former one is
similar to the experimental evaluation method, and the latter one seems more theoretically
reasonable. The evaluation results of these two methods had been confirmed to be rather close
with a deviation around 2% at the design flow rate, and the results adopted in this thesis were
majorly based on the first evaluation method.

The efficiencies were also calculated based on the equations in Table 2-2, while the
measured torque = — for each rotor was replaced by the sum of the torque picked up at
such rotor’s all blades and hub surface + . Taking the rear rotor (in Fig. 2-8) as an
example, is the overall torque around pump axis z calculated with all the blade surfaces

considered, and with the whole rear rotor hub surface considered.

b

Fig. 2-8 Torque picking up for the rear rotor model
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3 Design methodology

In this chapter, the design specifications of the secondary generation prototype contra-
rotating rotors (herein named RR2 pair), designed in Flow Control Systems Laboratory of
Kyushu University [42, 45], are firstly presented. The hydraulic performances, the internal flow
properties as well as its pressure distributions are then discussed. Combining with the findings
in RR2, the different-speed design method for the contra-rotating axial flow pump is proposed
in expectation of the improved hydraulic performances of the contra-rotating rotors. In this
concept the rotation speed combination of the two rotors is determined based on the reduced
cavitation parameter NPSH, for the rear rotor. Relying on such design idea and several other
considerations about the rotor blade profile geometries, the rear rotor is then re-designed and the
rotor pair employing new rear rotor is herein named RR3 pair. To preliminarily validate this
whole design concept, three types of RR3 rear rotors were proposed and then investigated by

the numerical simulation approaches.
3.1 Design specifications and hydraulic performances of prototype rotor pair RR2
3.1.1 Design specifications of prototype rotor pair RR2

As mentioned in the introduction part (Sec. 1.1), the axial flow pumps are beneficial to be
designed with high specific speeds, and reach the efficiency peak around  =1500 [min™,
m*/min, m] as shown in Fig. 1-2. Given the principal design specifications of ~ =4.0 m and

=4.2 m3/min, the prototype contra-rotating axial flow pump with RR2 applied was specified
with the same individual rotor specific speed of 1500 [min™, m*min, m] for both front and rear
rotors, resulting in the rotor rotation speeds of = =1225 min™ and equally assigned head

rise = = /2. Then the overall specific speed of this combination (RR2) is =1775
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[min™, m¥min, m] as calculated by the following Eq. (3-1).

( +)
=—F 3-1

In Table 3-1, the major design specifications of this rotor pair RR2 are presented with two
dimensionless characteristics and defined by the following Eg. (3-2) and (3-3)

respectively, where denotes its blade tip peripheral velocity of the individual rotor.

Head coefficient: =— 3-2

Flow coefficient: = 3-3

Table 3-1 Design specifications of prototype contra-rotating rotors RR2

[m] [m*/min] [min”] [-] [-]
Front Rotor 2.0 4.2 =1225 0.122 0.234
Rear Rotor 2.0 4.2 =1225 0.122 0.234
Axial Flow Pump 4.0 4.2 — — —

With the specifications described in Table 3-1, the front and rear rotors were respectively
designed by a traditional two-dimensional design method, which has been widely used in the
design of axial flow turbomachinery blades [57-59].

The ideal flow situation is considered, and the incoming flow for the front rotor were
specified to be uniformly distributed in both radial and circumferential directions, so that the
classic “free vortex” model [2-4] assuming radial equilibrium condition was applied to describe
the distributions of the Euler Head as well as the velocity swirl . along the blade span.
Subsequently, the ideal front rotor outflow profile calculated based on the “free vortex’ model

was adopted as the inflow condition for the rear rotor design. The camber geometries at various
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spanwise sections were then determined based on the given velocity distributions, and the
sophisticated NACA series airfoil profiles were employed.

The blade shapes of the front and rear rotors in the RR2 combination are schematically
shown in Fig. 3-1, and several key parameters of their blade profiles are given in Table 3-2. It
could be seen that, designed with a relatively high rotation speed, the rear rotor shows a
remarkably increased stagger angle compared with the downstream stator in the conventional
rotor-stator type axial flow pump [42], suggesting the enhanced potential interferences between

the two blade rows.

$198
$100

(a) Front rotor

$198
$50
w

S [y 11,2

(b) Rear rotor RR2

Fig. 3-1 Schematic views of front and rear rotor blades shape in RR2
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Table 3-2 Blade profile parameters of prototype contra-rotating rotors RR2

Blade Diameter Profile Solidity Stagger
Number [mm] Angle  (°)
Front 4 Hub 100 NACA4410 1.290 51.72
Rotor Mid-Span 150 NACA4408 0.898 68.48
Tip 198 NACA4406 0.700 75.85
Rear 5 Hub 100 NACA4410 0.840 64.24
Rotor Mid-Span 150 NACA4408 0.720 72.54
Tip 198 NACA4406 0.600 77.56

3.1.2 Hydraulic performances of prototype rotor pair RR2
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(a) Overall performance (b) Individual performance of each rotor

Fig. 3-2 Performance curves of prototype contra-rotating rotors RR2

With the experimental approaches discussed in Chapter 2, the hydraulic performance curves
of the RR2 rotor pair were obtained as shown in Fig. 3-2, in which the flow rate  is presented
in the unit [L/s]. The superiorities of the contra-rotating axial flow pump over the traditional
type are not emphasized here, since they have been repeatedly mentioned in the introduction

part as well as several other reports [42, 45]. | only focus on some performance curve
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characteristics of this rotor-rotor combination, which are majorly summarized as follows:

1) In terms of the hydraulic head rise , the entire pump ( =3.25 m) and the individual
rotors ( =159 mand =1.67 m) all fail to meet the design specifications ( =4 m) at the
design flow rate . The front rotor seems to operate with the maximum efficiency at the flow
rate slightly lower than

2) The front rotor generally appears with the inferior hydraulic efficiencies in the whole
flow range (7 L/s< <84 L/s).

3) At the design flow rate, the rear rotor presents the head rise almost equal to that of the
front rotor, but a quite steeper negative slope on its individual head curve, so that the head rise
of the rear rotor goes up to a relatively higher level at the partial flow rate ( <70 L/s).

4) In the rather low flow rate range ( <28 L/s), the pump shows an unfavorable positive
slope on its overall head rise curve, and this is supposed to be chiefly ascribed to the rear rotor
which offers relatively larger hydraulic head and also an apparent positive slope.

Generally, designed with the same rotation speed as the front rotor, the rear rotor appears to
be dominant in the flow pressure elevation at the partial flow rates. And although the contra-
rotating rotors’ inherent steeper negative slope of the -  curve is rather favorable in terms of
the pumping system operation stability, it also means the difficulty to satisfy the design head
accurately and implies that the more sophisticated design is required to meet the design

specifications [45].

3.1.3 Internal flow structures of prototype rotor pair RR2

The radial distributions of the axial and circumferential components of the absolute velocity
and at Pos.1 and Pos.3, obtained by the 5-hole probe measurements and CFD

simulations, are plotted in Fig. 3-3. The sections of Pos.1 and Pos.3 correspond to the inlet and
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outlet of the front rotor respectively as mentioned previously. The Y-coordinate denotes the
radial location  normalized by the casing radius . The rotation direction of the front rotor is

set to be positive for the circumferential velocities.
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Fig. 3-3 Velocity distributions at inlet and outlet of front rotor under design flow rate

By both investigation approaches, it was found that the velocity distributions considerably
were deviated from the design profile ‘free vortex’ (blue dashed lines). Compared with those at
the outlet section, the velocity deviations at the front rotor inlet were relatively minor, and
merely detectable for the axial velocity in the regions near to the hub and tip. The boundary
layer effect was thought to mostly contribute to such velocity deficits there, while at Pos.3 the

reason for the deviated velocity distributions was believed to be more complicated.
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As plotted in Fig. 3-3 (c), the axial velocity ~ showed a well enlarged deficit content at
the tip area, in which the flow distribution was supposed to be doubly impacted by the casing
boundary layer and moreover the front rotor’s tip leakage vortex. And the circumferential
velocity in this region was in turn affected (raised) due to the low energy fluid stacked there
entrained by the blade rotation as shown in Fig. 3-3 (d). The local flow rate was consequently
enlarged in the radially inner flow region (0.55< / <=0.875) due to the complex blockage at
the upper near tip region, resulting in the pertinent deformation of the circumferential velocity
profile there.

Designed with the ideal inflow profile (blue dashed lines in Fig. 3-3 (c) and (d)), the RR2
rear rotor left such front rotor’s complex outflow structure out of consideration. Despite
operating at the design flow rate with the rated speed, it was believed to be far from working
under the design condition, which was thought to be one of the potential reasons for its limited

hydraulic performance as shown in Fig. 3-2.
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Fig. 3-4 Inflow angle distributions of rear rotor RR2

In Fig. 3-4, the radial distributions of the blade inlet angle  , and the flow inlet angle
obtained by the experimental and numerical approaches are plotted for the RR2 rear rotor.
Given the incidence angle defined as = - , it is rather obvious that the rear rotor had

the negative incidence angles ( <0) in its whole spanwise range, which was known to be fairly
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unfavorable to the cavitation performances [5]. And this could partly explain the cavitation

inception occurred at the leading edge of the rear rotor as mentioned in Sec. 1.4.

3.1.4 Pressure distribution properties of RR2 rotor pair

As mentioned in the introduction part, the contra-rotating rotor pairs are all characterized by
the considerable rotor-rotor interaction, and the interaction mechanisms vary with their specific
applications. As a type of shrouded hydraulic turbomachinery, the contra-rotating axial flow
pump takes the shockwave interference [24-33] and the mutually-induced velocities [37-41] out
of consideration, and the wake effect originated from the upstream front rotor is also relatively
powerless, since it decays sufficiently due to the relatively large gap between two rotors at tip
section. In the previous study, the rotor-rotor interaction in this type of contra-rotating pump
was believed to be dominated by the potential interaction between the pressure fields of two

blade rows [44].
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Fig. 3-5 Blade-to-blade pressure distribution of RR2 rotor pair at partial flow rate

To further discuss the rotor-rotor interaction in this contra-rotating rotor pair, a measured
blade-to-blade pressure distribution at the rather low flow rate =28 L/s is given in Fig. 3-5,
from which a significant potential interaction between two blade rows could be seen. Since the
rear rotor RR2 has the fairly high blade stagger angles and the low pressure fields straightly

towards upstream. The high pressure regions of the front rotor blades appear to be rather
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vulnerable compared with the low pressure regions of the rear rotor, and are severely impacted
due to the blade passing of the rear rotor.

This leads us to consider the possibility to suppress the rotor-rotor interaction and moreover
maintain the contra-rotating pump’s inherent performance superiorities by rearranging the
design speed ratio between two rotors.

The pressure properties of the rear rotor RR2 is also emphasized here. In Fig. 3-6, the static
pressure distribution around the RR2 blade tip profile at =70 L/s was obtained by the casing
wall static pressure measurement experiments and CFD simulations, and the measurement

method will be comprehensively explained in Chapter 5.

pomemen 0 ANS)S

(a) By experiment (casing wall pressure) (b) By CFD simulation ( / =0.975)

Fig. 3-6 Pressure distributions of RR2 rear rotor at design flow rate

It can be seen from both the experiment and simulation results that, the RR2 rear rotor
blades show the aft-loading situation at the tip sections. And although the stagnation points are
insufficiently clear to be recognized by the experiment due to the limited spatial resolution of
the measurement (Fig. 3-6 (a)), they are believed to locate at the blade suction surfaces rather
than the pressure surfaces as can be recognized by CFD method as shown in Fig. 3-6 (b). Those
findings well coincide with the negative incidence angles discussed in above Sec. 3.1.3, and
moreover suggest the cavitation inception at its pressure surface in the case that the ambient

pressure reduces to a rather low level.
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3.2 Different-speed design methodology

In the previous section, by the comprehensive analyses on the prototype contra-rotating
axial flow pump, the inherent weaknesses of the equal speed contra-rotating rotors were
understood, and several design concerns in the contra-rotating design were found. In this section,
a new design method for the contra-rotating rotor pairs is introduced based on all above

observations.

3.2.1 Determination of rotation speed combination

In the related investigations about the contra-rotating rotor-rotor combinations, numerous
researchers had mentioned the significance of the speed ratio to the rotor pair’s performances,
and tried to find out the optimum speed combination for their specific applications [16-24].
Nevertheless, most of their studies were based on the experiments, and the theoretical analyses
on the most beneficial speed ratio can hardly be found.

In the contra-rotating pump case, with the velocity triangles given in Fig. 1-5 and various
analyses in the previous section, it was concluded that the rotation speed combination is
decisive to the head division between two oppositely rotating rotors, and directly influential to
the rotor geometries such as , , and etc. And these are all crucial parameters in terms of the
rotor-rotor interaction and in turn the overall pump performances. Instead of concentrating on
the experimental explorations, it will be tried in this section to build an optimization method for
the rotor-rotor speed combination based on theoretical analyses.

A different-speed design method is proposed to quantify the more appropriate rotor speeds
emphasizing especially on the improvement of the cavitation characteristics NPSH,. This design
concept also aims to suppress the rotor-rotor interaction and moreover maintain the

contra-rotating rotors’ inherent performance superiorities by reducing the rotation speed of the
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rear rotor to a reasonable level.

From the velocity triangles of the contra-rotating rotors (Fig. 1-5), it could be easily found
that, designed with the equal rotation speed ( = ), the rear rotor RR2 represents relatively
larger absolute ( > ) and relative (> ) velocities at the inlet. Given the Required
Net Positive Suction Head (NPSH;,) defined in Eq. (1-5), and only taking account of the profile
coefficient ( =1 #1), the cavitation characteristics of the two contra-rotating rotors

respectively expressed as follows.

Front rotor: NPSH =——+ —— 3-4

Rear rotor: NPSH = 2_ S 3-5

where and  denote the profile loss coefficients of the front and rear rotors respectively.

And according to the velocity triangles, it could be easily obtained that,

where represents the axial velocity through the pump rotors, and . represents the
circumferential component of the absolute velocity at the rear rotor inlet.
In expectation of the cavitation inception occurred at the leading edge of the front rotor, the

condition of NPSH >NPSH  must be ensured, which takes the form as follows.

2~ 32 3+ =0

Since the level of minimum pressure around the blade in each rotor is essentially dominated

by the corresponding relative velocity, an essential specificationof = s introduced to

emphasize the purpose of the cavitation performance improvement for the rear rotor, and give
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the assumption of =, then
— >0 3-6
2

Combining the Euler equation as well as the no-swirl inflow and outflow conditions, the

overall hydraulic head rise of the pump could be expressed as,

where it has been set that .= . Then, the above Eq. (3-6) takes the form,

— 2 - >0 3-8

= +
= +( .+ )
the following equation is obtained by setting = ,
= + 3-9
Simplifying the efficiencies of the whole pump and the individual rotorsas = = |, the

following equation can be obtained from Eq. (3-7),

by substituting Eq. (3-9) and the definition of head coefficient expressed by = =

into Eq. (3-10), the following equation is obtained

- = — - 3-11
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Hence, given the design overall head rise and the estimated hydraulic efficiency , the

redesigned rotation speed for the front rotor is determined by,

_60- 60 / 212
B B 1-(1- ~—~)

where  denotes the diameter of the blade tip cylinder.
Combining this equation with Eq. (3-9), the rear rotor’s rotation speed could be determined

as follows,

_60  _ / 3-13
- 1-(1—- ~~—)

In general, for the above derivation of the new rotation speeds  and , the cavitation
performance improvement for the rear rotor is emphasized throughout. With such consideration,
the relative velocity ~ which essentially dominates the minimum static pressure and in
turn the cavitation inception around the rear rotor’s blade is reduced to be equal to ~, and
this consequently results in the different rotation speeds for the front and rear rotors as Egs.
(3-12) and (3-13).

To validate this different-speed design idea, a new pair of contra-rotating rotors with above
rotation speeds applied is discussed in the following sections. This new rotor pair (named as
RR3 pair) is comprised of the identical front rotor which was employed in the prototype pump,
and a new rear rotor which was designed with the new rotation speed and other considerations
described in the following sections.

The same overall design specifications of =4.0mand =70 L/s were given to this new
rotor pair. In addition, to ensure the front rotor work with the maximum efficiency at the design

condition, ~ =0.796 and the corresponding ~ =0.114, which were acquired from its
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dimensionless curves (Fig. 3-7), were substituted into the speed equations, Egs. (3-12) and

(3-13). Generally, the new rotor pair RR3 appears with a reduced rotation speed for the rear

rotor as listed in Table 3-3.

0.2

0.1+

f,max

(a) Front rotor (b) Rear rotor

Fig. 3-7 Dimensionless performance curves of front and rear rotors in RR2

Table 3-3 Design specifications of new contra-rotating rotors RR3

[m] [m*/min] [min”] [] [-]
Front Rotor 2.15 4.2 =1311 0.114 0.219
Rear Rotor 1.85 4.2 =1123 0.134 0.255
Axial Flow Pump 4.0 4.2 — — —

3.2.2 Inflow velocity profiles for RR3 rear rotor

As mentioned in Sec. 3.1.3, despite operating at the design flow rate with the rated speed,

the rear rotor RR2 was far from working under the design condition due to the considerable

deviations from the specified inflow velocity profile.

Since the ideal front rotor outflow profile based on the ‘free vortex’ law was found to be

inadequate to model the design inflow profile of the rear rotor, the ‘forced vortex’ law [2-4] was
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introduced in the new rear rotor design. Both of these two models are very classical in the
design of axial flow turbomachineries, in which the spanwise variation laws for the Euler head

as well as the swirl velocity are specified. Commonly with the normal inflow condition for
the rotor blades in axial flow machines, the radial distributions of cylindrical velocity

components could be described as Table 3-4,and  ~ all denote arbitrary constants.

Table 3-4 Velocity distributions specified by two fundamental models

Free Vortex 0 = = =

Forced Vortex 0 — = = ( -2 ) =

It is distinctive that in the ‘forced vortex’ design, the circumferential velocity  increases
proportional to the radius, while the axial velocity — decreases with it, and the theoretical Euler
head grows rapidly in the radial direction. The velocity distributions described by this model
highly resemble to the observed front rotor outflow profiles in the tip region which was plotted
in Fig. 3-3 (c) and (d).

Hence, in the new rear rotor design, a ‘integrated model’ combined by ‘free vortex’ and
‘forced vortex’ was employed as described in Table 3-5, where  and respectively denote
the radii of the pump casing and hub, and , , Q, are all constants. The joint section
between two models was determined at the cylindrical surface with  =0.875 , since around
this position the velocities were experimentally and numerically confirmed to start deviating
regardless of the rotation speed as shown in Fig. 3-3 (c) and (d). It should be noted that this
location is probably dependent on the design condition and pump size, but it can be determined

simply by the numerical simulations of the preceding front rotor.
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Table 3-5 Integrated model applied in new rear rotor design

Model
< < Forced Vortex ~——=0 = ( =2 - "))
= Joint —=( - )Q = ( -2 — ))
< < Free Vortex = =

In Fig. 3-8, the numerically simulated rear rotor inflow profiles at two rotation speeds are
shown, and the flow distributions based on two design methods (‘Free Vortex’ and ‘Integrated

Model’) are also plotted.
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Fig. 3-8 Inflow velocity profiles obtained by various approaches at design flow rate

The increase in the front rotor rotation speed results in the raised theoretical head as well as
the enhanced velocity swirl as shown in Fig. 3-8. Based on this rotation speed, the flow
profiles (blue dashed lines) estimated by the ‘free vortex’ law is still inadequate, while the above
proposed ‘integrated model” shows the velocity distributions (green solid lines) well agreed with

those obtained by the CFD simulation (orange dot lines).
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3.2.3 Determination of relevant flow angles

With the inflow distributions determined above and the ideal non-swirl outflow condition,

the relevant flow angles are defined as Fig. 3-9 and Table 3-6.

Inlet velocity triangle

- w; 7 )
\ L b .
x 1,1 2
»7 Y
L’r VG],I'
Outlet velocity triangle
B
V‘.’,r=Vz
Fig. 3-9 Schematic flow angles for rear rotor
Table 3-6 Definitions of flow angles
Flow Angle Definition
+
Flow Inlet Angle =tan (—)
Incidence Angle =2°
Blade Inlet Angle = -
Flow Outlet Angle =tan (—)
Deviation Angle =A +1305 ——04 3-14

Blade Outlet Angle

Since the previous RR2 rear rotor was found with the rather large negative incidence angles
(in Sec. 3.1.3) which was believed to be fairly unfavorable to the cavitation performances, the

positive incidence angles ( >0°) are herein emphasized as one of the essential design
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considerations for the new rear rotor. Considering the possible gentle variation of the water
supply capacity which would result in the incidence angle deviation, the incidence angles were
set as a value slightly greater than zero ( =2°) at the design flow rate, to minimize the inlet
shock and moreover to keep it still above zero when the system flow rate suffers from the
unexpected increase.

With the classic deviation angle model of

applied where ~ =0.26, =0.5 as in the axial flow compressors and  represents the cascade
solidity [54], the outflow velocities of the new rear rotor were found with small circumferential
components in the numerical simulations. By the parametric studies using CFD technology, a
new empirical equation (Eq. (3-14) in Table 3-6) is proposed for the deviation angle in
expectation of correcting the outflow to the non-swirl condition. In this equation, —~ denotes
the maximum camber location  relative to the chord length , and A is defined as the flow

turningangle A = -

3.2.4 Determination of profile geometries

v Thickness  Suction Surface

Camber line

X

01 = ﬁb 17 V x Xf \@: 7 /_lB'JZ

Pressure Surface Chord

Fig. 3-10 Schematic camber line geometry

The airfoil camber line geometry at any blade section as schematically illustrated in Fig.
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3-10 is expressed by a typical quadratic parabola for simplicity as,

()= + + 3-15
where a, b, and c respectively denote any arbitrary constants, x ranges from 0 to the chord

length I, and  represents the local gradient angle of the camber curve with the condition of

tan = _~ . Given the above specified flow distributions and the limitations of
(=0)= -
( = ): —
= =0

the camber line geometry and the stagger angle  were obtained through the iterative
calculation. As an essential parameter for the camber line geometry, the special care was given
to the maximum camber location -~ in the new rear rotor design.

In the 1990s, Zangeneh, M. et al. raised a set of guidelines to suppress the secondary flow
as well as to make the outflow field uniform for the mixed flow and centrifugal
turbomachineries [60, 61]. They described the optimum pressure distribution model for the
impellers in terms of the suppression of secondary flow, and proposed that it is beneficial to
respectively increase the blade aft part loading at the hub section and decrease that at the tip
area.

Based on this concept, the RR3 blades with the tip profiles of fore-loading and the hub
profiles relatively aft loaded are considered. This is realized by the idea of varying maximum
camber location along spanwise, in which the value of _~" gradually reduces from 60% at the
hub section to 40% at the tip section. The thickness evolution law of NACA 4* series [62] as

expressed by Eqg. (3-16) was adopted,

— 2 =5- -+ -+ - + - + - 3-16
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where  ( )/ represents the relative thickness at any arbitrary position of ./, and ~

are given by the NACA4* profile data. With the calculated thickness perpendicularly growing at
the corresponding camber point to both sides, the outlines of the pressure and suction surfaces
are generated as shown in Fig. 3-10. In expectation of better flow turning, the blade row solidity

is increased up to 1.2 times of that in RR2.

3.3 Preliminary models for new rear rotor RR3

3.3.1 Geometries of three types of new rear rotors

To preliminarily validate the design ideas of the inflow profile optimization and secondary
flow suppression, three types of RR3 rear rotors were designed with such ideas separately or

comprehensively applied as shown in Table 3-7.

Table 3-7 Blade profile geometries of three types of RR3

Type Design Ideas Section 1(Hub) 2 3 4 5(Tip)
Inflow = D[m] 0100 0.125 0.150 0.175 0.198

RR2 Free Constant (/) 0840 0780 0.720 0.660  0.600
\ortex ~ 040 0.40 0.40 0.40 0.40

] 64.24  68.86 7254 7534  77.56

[°] 5.17 3.08 1.56 0.53 -0.23

RR3-Z  Integrated Variable (/) 1008 0936 0864 0792 0.720
Model ~ 060 0.55 0.50 0.45 0.40

[°] 6495 67.05 69.73 7233  71.88

[°] 3414 3793 3292 2529 8613

RR3-F  Free Variable (/) 1008 0936 0864 0792 0.720
\ortex = 0.60 0.55 0.50 0.45 0.40

[°] 65.44  67.26 69.73 7215 74.24

[°] 3.734 4270 3890 3.236 2512

RR3-40 Integrated Constant (/) 1008 0936 0864 0.792 0.720
Model ~ 040 0.40 0.40 0.40 0.40

] 58.71  65.14 69.47 7253  71.88

[°] 9.654 5703 3552 2329 8613
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In Table 3-7, it is clear that the design considerations are distinctively reflected by the
geometries of various blade profiles.

1) As expected previously, with the reduced rotation speed, all the RR3 types appear with
relatively smaller stagger angles at most of their sections, which is beneficial to weaken the
rotor-rotor interaction. While designed with the maximum camber locations varying in the
spanwise direction, RR3-Z and RR3-F represent comparable stagger angles with RR2 in the hub
region, which could be easily explained with the flow inlet angle written into the following

form,

= + + 3-17

with the maximum camber location more backward (60%), the hub profile presents the reduced
inlet camber angle  , and in turn results in the increased stagger angle, since the inflow angle
and incidence angle  are both fixed by the designed flow distributions.
2) For all the RR3 types, the positive incidence angle design results in the increased attack

angle, which is defined as illustrated in Fig. 3-11.

A W, W,

i
i
i
i
Averaged relative velocity: W, =(W+W,)/2
B=cos 1 (V,/ W)
Attack angle: a=48-y

Fig. 3-11 Definition of attack angle

With the integrated inflow model considering the forced vortex design near the tip, the type
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of RR3-Z and RR3-40 get remarkably increased attack angles  at the tip area. This is believed
to be induced by the well reduced axial velocities and increased circumferential velocities in
that model. Based on the velocity triangles, it is easy to understand that such inflow profile
results in the sharply increased inflow angle , which would in turn lead to the steep increase

in the averaged flow angle and eventually in the attack angle.

3.3.2 Hydraulic performance investigation for three types of new rear rotors

With the unsteady CFD simulation methods mentioned in Chapter 2, the basic hydraulic
performances of three types of RR3 rotor pairs at the design flow rate =70 L/s (4.2 m®/min)

were obtained as shown in Fig. 3-12.
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Fig. 3-12 Numerical simulated performances of RR3 and RR2 at design flow rate

With the several design ideas applied, three types of new contra-rotating rotors were all
found to highly satisfy the design specifications with the superior efficiencies compared to the
prototype rotor pair RR2, and in all three pairs, the front rotor offered the hydraulic head rise
around 2.1m fairly close to the design head 2.15m.

The RR3-40 type showed highest individual rotor head rise as well as the overall pump

head rise, but the lowest individual efficiency among the three rotors. With the irrational inflow
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profile, the RR3-F type presented relatively higher stagger angle and smaller attack angle at the
tip area as described in Table 3-7. Among the three rotor pairs, it turned out with the most
inferior performances in head rises as well as efficiencies. As discussed previously, operating
with the inflow profile deviated from the design condition was believed to be the major reason
for such inadequate performances, since various kinds of losses always result from that. In
contrast, although the RR3-Z type with both design ideas applied appeared to be slightly inferior

in head rise, it shows much obvious superiority with the highest efficiency of 82.84%.

3.3.3 Evaluation of cavitation performances by NPSH,

S

m Front rotor

NPSH, [m]
w

m Rear rotor

N
!

RR2 RR3-Z RR3-F RR3-40

Fig. 3-13 NPSH; for RR2 pair and three types of RR3 pairs (by CFD)

For the rotor pairs of RR2 and three types of RR3, the property of cavitation inception were
studied by unsteady CFD simulations with the parameter of NPSH, (required net positive
suction head ) as shown in Fig. 3-13, which was calculated under their respective design

conditions by the following Eq. (3-18),

NPSH = ———— 3-18

where  represents the total pressure at the pump inlet, and the minimum pressure
obtained around the blades of each rotor.

Due to the increased rotation speed ( =1311 [min™]) as well as the improved head rise
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under the design condition, the front rotor appeared with the higher NPSH;, in the RR3 rotor
pairs. Nevertheless, with the reduced design rotation speed (  =1123 [min™]), the three types of
RR3 rear rotors presented much increased NPSH, compared with the RR2 rear rotor. This is
probably due to the fact that they are all designed with the positive incidence angle ( =2 [°]) and
the subsequently enlarged attack angles (Table 3-7).

Hence from Fig. 3-13, all the RR3 rear rotors seem to be inferior in terms of the cavitation
inception, which means they are very likely to suffer the cavitation inception earlier than the
RR2 type when the ambient pressure reduces to a rather low level. But they are still believed to
have better cavitation performances as the design expectations in terms of the head drop NPSH
condition rather than the required NPSH evaluated by the cavitation inception. The low pressure
regions as well as the cavitation regions can be well limited on the blade suction surfaces due to
the positive incidence angle design in RR3 rear rotors as can be seen later by the steady
cavitation simulations in the next section. Avoiding cavitation on pressure side is supposed to be
beneficial to delay the head drop against decreasing NPSH.

In contrast, the RR2 rear rotor, which showed the negative incidence angles in its whole
spanwise range (Fig. 3-4), is supposed to be loaded at the blade aft part and have low pressure
regions on the pressure surfaces. With the ambient pressure reducing to a rather low level, it
would suffer cavitation at both suction and pressure surfaces, which significantly deteriorate the
pressure distribution on its blade surfaces as well as the hydraulic performances. By the pressure
distribution studies for the two types of rotor pairs, which would be presented in Chapter 5,
these predictions are pertinently confirmed.

Among three types of RR3 rear rotors, the RR3-Z appeared with the lowest value of NPSH;
as shown in Fig. 3-13, which indicates the best cavitation performance in terms of cavitation

inception. Designed with the integrated inlet velocity profile and the varying maximum camber
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location along the span as described in Table 3-7, this type of rear rotor presented the smaller
attack angles in the hub region and the larger ones in the tip region. In contrast, with large attack
angles in the whole spanwise range, the RR3-40 type is supposed to have rather large blade
loading as well as the fairly low minimum pressure on its blades, which would result in earlier
cavitation inception (Fig. 3-13).

By now as the design expectations, the RR3-Z with several design ideas applied seems to
be a good compromise between the hydraulic performances and the cavitation performances. To
further validate the design methodology proposed above, the RR3-Z type is manufactured and
its relevant performances are pertinently studied by both the experimental and CFD approaches.
From the schematic view of RR3-Z rear rotor shown in Fig.3-14, it could be seen that the RR3
rear rotor has reduced stagger angles compared with the prototype RR2 rear rotor. In the

following chapters it will be addressed as RR3 for short.
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Fig. 3-14 Schematic views of RR3-Z rear rotor
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3.3.4 Cavitation simulations with two-phase flow model

A series of steady cavitation simulations with multiphase model applied gave the better
visual representation about the cavitation performances of the RR2 rear rotor and newly
designed RR3 rear rotor (RR3-2).

Based on the one-passage steady simulation with the rotor-rotor domain interface set as
‘stage’ (Sec. 2.3), these cavitation simulations were carried out with the classic Rayleigh-Plesset
model employed to describe the growth of gas bubbles [56], which was implemented in ANSYS
CFX. The cavitation was triggered at two rotor pairs’ design flow rate by reducing the static
pressure at the pump outlet.

In Fig. 3-15, for the both contra-rotating rotor pairs under the same inlet static pressure as

=17 [kPa], the locations inside the flow passages where the vapor volume fraction grows up
to 10% are depicted by the isosurfaces. As predicted in the above section, the cavitation was
observed near the leading edge of the pressure surface for the RR2 rear rotor, which would
result in remarkable deterioration of the blade loading as well as the pump performances. In
contrast, the RR3 rear rotor designed with the positive incidence angles presented the intensive
vapor bubbles only limited in small regions around the blade tip and near the leading edge of the

suction surface.

o,

Rear rot

(a) RR2 (b) RR3

Fig. 3-15 Isosurface of vapor volume fraction as 10% in flow passage of contra-rotating rotors
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3.4 Summary

In this chapter, the hydraulic performances and internal flow structures of the prototype
RR2 contra-rotating rotor pair was analyzed. Designed with the equal rotation speeds for both
front and rear rotors, the RR2 rotor pair failed to meet the design specifications, and the both
rotors showed the maximum hydraulic efficiencies at the flow rates deviated from the design
ones. Based on the findings in the equal speed contra-rotating rotors, the different-speed rotor
pair was supposed to be superior in the cavitation performances and the suppression of blade
rows interactions. Hence, the different-speed design method was proposed with the cavitation
performance improvement emphasized throughout, and the new speed combination with
reduced rotation speed for the rear rotor was derived and believed to be beneficial to the
cavitation performance of the rear rotor. With the optimized inflow velocity profile, as well as
the design ideas of positive incidence angle and secondary flow suppression, the new rear rotor
RR3 was found to highly satisfy the design specifications with the superior efficiencies
compared to the prototype rotor pair RR2. Although the RR3 was confirmed to have the
increased required net positive suction head, which indicates the earlier cavitation inception, it
was still supposed to be superior in the cavitation performances since the cavitation could be
well limited on the suction surfaces. The other detailed properties about its internal flow and
pressure distribution which are essential to the pump performances would be pertinently

investigated in the following chapters.
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4 Performance investigation for new contra-rotating rotors

This chapter majorly concentrates on the investigations of the hydraulic performances
and related internal flow fields of the newly designed contra-rotating rotor pair RR3 (RR3-2)
based on both the experimental and CFD results. The experimentally obtained performance
curves are firstly presented, from which it can be found that the new rotor pair RR3 has the
impressive performances throughout a rather large flow rate range, but shows a more
pronounced positive slope in the low flow rates ( <28 L/s). The experimental and numerical
results of its internal flow properties at such low flow rates are subsequently presented. The
internal flow structures obtained by the 5-hole probe measurements at various flow rates are
given, and then on the rotor surfaces which were unreachable for the measurements using
probes, the limiting streamlines visualized by the multi-colored oil-film method are provided.
Finally, based on these investigation results, the underlying sources for the performance

deficiencies at such low flow rates are discussed.

4.1 Hydraulic performances of new rotor pair RR3

1
—10.8
—10.6
—10.4
2L RR3 RR2 RR3
., (EFD) (EFD) (CFD) J0.2
| —0— —o0— A
1 1 0
0 20 28 40 60 Q4 80
Qs

Fig. 4-1 Overall performance curves of contra-rotating rotor pairs RR3 and RR2

In Fig. 4-1, the experimentally acquired overall performance curves are presented for both

contra-rotating rotor pairs RR2 and RR3. The unsteady CFD simulation results are also plotted
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but only at the flow rates of =70 L/s (the design flow rate), 28 L/s, 21 L/s for the new rotor
pair. By both the experimental and simulation approaches, the newly designed rotor pair RR3
was confirmed to highly satisfy the design specification ( =4.0 m) with a relatively higher
efficiency. And in a rather wide flow rate range including (the design flow rate) ( >28 L/s),
it appeared with the well increased hydraulic head rise over the RR2 type; while in the fairly
low flow rate range ( <28 L/s), it suffered from a more pronounced positive slope on its head
curve. In contrast to the favorable head rise, any distinctive benefits in terms of the hydraulic
efficiency could not be obtained, and only the limited efficiency improvement could be

observed in the high flow rate range ( =56 L/s).
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Fig. 4-2 Performance curves of individual rotors in RR3 and RR2 pairs (by experiment)

From the experimentally obtained performance curves of the individual rotors in Fig. 4-2,
more benefits of the new rotor pair as well as the different-speed design methodology could be
found. The effectiveness of the different-speed design method could be preliminarily reflected
by the improved performances of the rear rotor RR3 at the design flow rate, which presented a
satisfied head rise and raised efficiency despite being designed with the reduced rotation speed.

It could also be seen that the front and rear rotors appear with quite different hydraulic head

properties in two contra-rotating rotor pairs. The front rotor persistently offered the higher head
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rise over the rear rotor for almost the whole flow range in the RR3 pair, while in the RR2 pair its
head rise was exceeded by that of the rear rotor in the full partial flow range and even at the
design flow rate ( <70 L/s). As on the head curve of the entire pump, a steeper positive slope
was observed on the individual head curve of the RR3 rear rotor in the identical flow rate range,
indicating the dominant role of the rear rotor in such performance deficiency.

Working at an increased rotation speed ( =1311 min™) in the RR3 pair, the front rotor
operated with the comparable efficiencies in the partial flow rates, and obviously superior
efficiencies in the over flow rates in contrast with that in the RR2 pair. Hence, the RR3 pair’s
efficiency inferiorities in the large partial flow range ( =56 L/s) was believed to be ascribed to

the rear rotor, which shows well depressed efficiencies in the corresponding flow rate range.
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Fig. 4-3 Dimensionless performance curves of individual rotors in RR3 and RR2 (by experiment)
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Given the dimensionless performance curves of the individual rotors calculated from the
performance tests, the relevant performances of the rotor pairs RR3 and RR2 could be more
reasonably compared in Fig. 4-3. Here, and  represents the head and flow coefficients
respectively, which were introduced in the previous chapter. The design dimensionless flow
rates of the individual rotors are denoted by ~~ and  for the RR2 pair, while
and  for the new RR3 pair.

Since the identical front rotor is applied with two different rotation speeds in the RR2 and
RR3 pair, it was supposed to have the consistent dimensionless performance curves ( - and

- ) according to the similarity law [1-5]. While equipped with the new rear rotor RR3 in the
downstream, it presented a set of quite varied non-dimensional performance curves as shown in
Fig. 4-3 (a) and (b), in which both the working capacity ( ) and the hydraulic efficiency ( )
received obvious improvements in the full flow range. Then, the rear rotor’s influences in the
upstream direction were pertinently confirmed here, but this does not mean the invalidity of
flow similitude, and the head evaluation based on casing wall static pressure may be a reason
for this discrepancy. The variations between such two sets of dimensionless performance curves
were believed to be the reflections of the effectiveness of different speed rotor design with
weakened rear rotor’s impacts due to the reduced speed design.

In addition, the new rear rotor moreover showed the sharply improved working capacity in
the fairly large flow range (Fig. 4-3 (c)), as being designed with well increased attack angles.
Nevertheless, it is quite depressing to see the more pronounced positive slope and the
remarkably reduced efficiency in the partial flow range as observed on the dimensional
performance curves. To further understand its internal flow properties, the various

measurements were carried out and discussed in the following sections.
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4.2 Internal flow structures of new rotor pair RR3

The flow field measurements by the 5-hole probe were carried out at the stream locations
Pos. 1, Pos. 3 and Pos. 5 (Fig. 2-3). In Fig. 4-4, the velocity distributions at Pos. 3 (the front
rotor outlet) are given for the rotor pairs of RR2 and RR3. The measurement results in which
only the front rotor was applied are also shown in this figure. To compare the flow profiles in

three cases more rationally, the circumferential velocity is normalized by the blade tip

peripheral velocity of the front rotor = , and the rotation direction of the front rotor is

set to be positive for the circumferential velocities.

4.2.1 Radial distributions of axial velocity at rear rotor inlet section

From the axial velocity components plotted in Fig. 4-4 (a), (c) and (e), the benefits of the
oppositely rotating rear rotor could be recognized from the content of the front rotor’s hub back
flow, which is typical and almost inevitable at the rotor outlet of axial flow pumps under rather
low flow rates due to the overwhelming adverse pressure gradient there [58]. It could be found
that this back flow appears at larger flow rate in the cases with the rear rotor applied (by
comparing the corresponding velocity distributions at =42 L/s); nevertheless the growth of
such back flow with the reduction of the flow rate is limited only near the hub wall in the cases
with the rear rotor and rather uniform flow is observed outside of the back flow region.

In addition, it can also be noticed that the hub back flows of large content will result in the
considerable blockage in the flow passages, which in turn induces the sharp increase of the local
flow rate in the tip area as shown in Fig. 4-4 (a). While due to the suppression of radial growth
of such back flows by the rear rotor, the relatively uniform flow distributions (in radial) could be

acquired in the cases of contra-rotating rotors.
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Fig. 4-4 \elocity distributions at Pos. 3 in Front rotor only, RR2 and RR3 (by experiment)
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4.2.2 Radial distributions of circumferential velocity at rear rotor inlet section

Comparing the velocity distributions in Fig. 4-4 (b), (d) and (f), the influences from the
different type of rear rotors could be better understood. Basically, with the reduction of the flow
rate, the circumferential velocity as well as the theoretical Euler head ( / ) are
consequently raised especially in the tip area, where the flow inlet angles are relatively larger.
But the actual velocity variations along the radial direction usually turn to be rather non-uniform
due to the complicated flow structures. From the case that only the front rotor is applied the
circumferential velocities are remarkably increased in the upper span region at Pos. 3, while in
the both contra-rotating rotors such velocity components reveal a tendency to reduce with the
flow rate descending to a rather low level.

From the rotors’ geometries schematically illustrated in Fig. 2-3, it can be found that the
front rotor takes the gradually decreasing length in axial from the root to the tip, and its exact
outlet location is being further from the section Pos. 3. With the larger radius, the rear rotor
presents subsequently stronger angular momentum in its rotating direction, and poses strong
entrainment on the flow near to its leading edge (LE). Thus, when the flow rate descends to a
sufficiently low level, such entrainment effect becomes strong enough to overcome the fluid’s
inertia, and is believed to result in the circumferential velocity reduction in the upper span
region at this section.

Such reduction in around the tip area can be observed in the cases of =28 L/s
and =21 L/s for both rotor pairs, and in the RR2 pair the decrease is supposed to start at much
higher flow rate around =35 L/s. Thus, compared with the RR2 type, the new rear rotor RR3
is believed to place a relatively weakened entrainment on the flow at its inlet section, as well as

the less influences in the upstream direction.
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4.2.3 Flow distributions at rear rotor outlet section

In Fig. 4-5, the corresponding velocity distributions at Pos. 4 (the downstream of rear rotor)
in the rotor pairs of RR3 and RR2 are presented, and due to the shortage of the data in the RR2

pair at some flow rates only the velocities at rather low flow rates =28 L/s and =21 L/s are

plotted.
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Fig. 4-5 Velocity distributions at Pos. 4 in RR2 and RR3 (by experiment)

At the outlet of rear rotor RR3, the non-swirl outflow situation could be basically obtained
at the design flow rate =70 L/s as shown in Fig. 4-5 (b). And coinciding with the performance
curves, the magnitude of circumferential velocities grows continuously with the reduction of

flow rate. In addition, with the increase of the front rotor’s hydraulic head rise, the flow in the
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upper span region gains the very large circumferential velocity at the outlet section, at the flow
ratesof =28 L/sand =21L/s.

From two rear rotors’ inflow distributions in Fig. 4-4 (d) and (f) and outflow profiles in Fig.
4-5 (d), it can be easily found that even at the rather low flow rates ( <28 L/s), the RR3 rotor is
capable to achieve the relatively larger flow turning (A / ). In other words, it is still believed
to be superior to the RR2 type in transferring theoretical energy to fluid at such low flow
rates. Combining with the rear rotor’s performance curves in Fig. 4-3, this finding convincingly
suggests that the lower hydraulic heads and efficiencies of RR3 observed in this range are not
ascribed to its inherent inferior working capacity, but to any undiscovered loss mechanisms.

Moreover at such two flow rates, the axial velocity deficiencies could also been observed at
the outlet sections of the both rear rotors as shown in Fig. 4-5 (a) and (c). The deficiencies
concentrate in the relatively lower span range (about 0.575 < <0.725 ), and due to their
blockage effect the passage fluid is pushed more upward, resulting in well increased local flow
rate in the upper span area. Compared with the RR2 type, the RR3 rear rotor suffers from such
velocity decay much earlier and significantly. At =21 L/s, its blockage grows rather severe
and large mass of fluid is consequently pushed into the near-shroud region.

Based on all above findings, the reason for the RR3’s inferior hydraulic performances in the
rather low flow rate range was believed to lie in its outflow condition. The velocity deficiencies
at its outlet section were supposed to stem from the low speed fluid stacking there, which
caused huge energy losses and eventually resulted in a more pronounced positive slope on the
performance curve. Although the RR2 type is relatively inferior in working capacity, the less
severe passage blockage and lower consequent losses made it perform much favorably in this
flow rate range. To further validate this idea, the limiting streamline observations experiments

were carried out as described in the following sections.
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4.3 Boundary layer investigation

In the above sections, the flow fields measured by the 5-hole probe were discussed for two
contra-rotating rotor pairs. Their internal flow structures especially at the rather low flow rates
were confirmed to be highly complicated with a large mass of low-momentum fluid stacking
inside the passage. To further understand such internal flow structures and the associated loss
mechanisms, it is imperative to extend researches into the boundary layer flows at the rotor
solid surfaces, since they are known as the essential origins of any flow turbulences and
secondary flow structures [1-5].

Besides by the CFD approaches, the boundary layer’s properties in the contra-rotating axial
flow pump were also studied by the experiment methods. Since those solid surfaces are
unreachable for the 5-hole probe measurement, the multi-color oil-film method was adopted to

visualize the limiting streamlines in the rotors’ boundary layers.

4.3.1 Limiting streamline observation by multi-color oil-film method

The multi-color oil-film method [63-65] is a very effective experimental way to visualize
the limiting streamlines in the boundary layers by taking advantage of the oil pigment’s grip on
the solid surfaces.

Before the experiments, all of the surfaces of the front and rear rotors were carefully
cleaned, and were undercoated by matte white using the spraying lacquer. Then, they were
respectively coated with the well compounded oil-film pigments of various colors, the viscosity
of which is adjusted depending on the assumed local flow velocity. And then, the pump would
operate at the required flow rate with the nominal rotation speed for a certain time duration,
which must be sufficient for the oil-film to comprehensively track the motion of boundary layer

fluid, and also be relatively short to obtain the distinctive pictures before all the pigment are
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washed away.

The oil-films were prepared by mixing the fluorescent pigment of three colors (red, blue,
and yellow) with the Petroleum Hydrocarbons based lubricating oil used as solvent, the Oleic
acid used as the dispersion and grease for the adjustment of stickiness. In Table 4-1, one of the
oil-film recipes is given, and the mass ratio of each ingredient might be altered depending on the
specific flow rate and the rotation speed of rotors. Based on the viscosity of such oil-films, three
minutes of stable operation at certain constant values of , and (pump starting stage

excluded) was confirmed to be an appropriate choice to obtain the sufficiently clear limiting

streamlines.
Table 4-1 Oil-film ingredients for various rotor surfaces =28L/s
Location Solvent Fluorescent Dispersion
Ingredient Mass Ratio Color  Mass Ratio Ingredient  Mass Ratio
Pressure 11.8% Blue 26.7% 34.8%
Petroleum Oleic
Surface Yellow 26.7%
__ Hydrocarbons Acid
Suction Based 15.2% Red 56.8% 28.0%
Surface
Lubricating
Hub Ol 15.4% Blue 57.1% 27.4%
Surface

The rotor pair’s surface painting before and after the pump operation is shown in Fig. 4-6,
and on photo (b) the secondary flow structures could be clearly observed as the hub painting
brought upon the suction surfaces.

In the following sections, the experimentally obtained limiting streamlines are presented
together with the CFD simulation results. To validate the previous prediction for the loss
mechanism in the RR3 rotor pair, only the findings at the correlative low flow rates are

discussed here.
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(a) Before pump operation (b) After pump operation

Fig. 4-6 Limiting streamlines observation experiment

4.3.2 Limiting streamlines of front rotor at low flow rate

In contrast with the rear rotor RR3, the front rotor showed the relatively stable performance
curves even at the rather low flow rates (Fig. 4-3), and its internal flow structure was believed to
be less complicated compared with that of the rear rotor. The experiment and CFD results only
at the typical flow rate  =28L/s are presented in this section.

As previously mentioned in Sec. 4.2, the internal flow field of the front rotor at such low
flow rate is majorly characterized by the hub back flow at its outlet. In Fig. 4-7, such hub back
flow could be clearly recognized as the streamlines marked by  , along which the flow goes in
the opposite direction to the passage mainstream. It induces the severe blockage at the lower
span area in full circumference, and results in the obvious boundary layer separation on the hub
surface as marked by the dashed lines. The another typical tip back flow at the rotor inlet can
also be captured as , and consequently the main passage flow is forced to advance more

radially outer as marked in Fig. 4-7 (a) and (b).
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(a) Front rotor’s suction surface - Exp (b) Front rotor’s suction surface - CFD

(c) Frontrotor’s hub surface - Exp (d) Front rotor’s hub surface - CFD
Fig. 4-7 Limiting streamlines on front rotor’s surface at =28L/s

In addition, the secondary flow structures could be clearly observed in the front rotor’s
passage as and . Due to the overwhelming pressure gradient from one blade’s pressure
surface (PS) to the suction surface (SS) of its neighbor blade, the low-momentum fluid in the
hub boundary layer is pushed to move almost perpendicular to the passage mainstream as
marked by , and eventually get out the passage at the mid span part of the neighbor blade’s

trailing edge as . The incoming flow in the hub region of the passage is then obstructed, and
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finally joins in such secondary flow onto the suction surface.

Generally, the both experimental and CFD investigation approaches provided the highly
resembled flow patterns in the front rotor’s boundary layers. And at such low flow rate, the front
rotor was confirmed with several well-developed back flows and secondary flow structures as

previously captured by the 5-hole probe measurement.

4.3.3 Limiting streamlines of RR3 rear rotor at low flow rate

Since the rear rotor was believed to be the major reason for the sharply increased pump
losses at the low flow rates  <28L/s, its internal flow fields were well investigated in this flow
range. Firstly, the limiting streamlines at =28L/s obtained by both investigation approaches
are presented in Fig. 4-8.

At this flow rate, a rather powerful secondary flow structure can be observed covering
nearly half of the RR3’s suction surface as marked by . It aggressively rises upwards from
the hub area, and resists against the passage mainstream forming a clear separation line ‘A’
between them. It is believed to be driven by a remarkably large pressure gradient, and also take
over considerable passage content in circumferential. Combining with the flow profiles captured
by the 5-hole probe at the rear rotor outlet (Fig. 4-5), this flow structure is the most likely
associated with the velocity deficiencies there. Moreover, a small mass of fluid from the
pressure surface is also found turning around the trailing edge, but is soon pushed out by the
powerful secondary flow.

In addition, it’s rather surprised to see the secondary flows on pressure surface as  and
near the blade root. Such two flows and  separate at the aft part (marked by ‘C’) of the hub
profile, and go upstream and downstream respectively. They are relatively weak and dominate

only a narrow radial space around the blade hub area.
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(c) RR3rear rotor’s pressure surface - EXp (d) RR3 rear rotor’s pressure surface - CFD

(e) RR3 rear rotor’s hub surface - Exp () RR3rear rotor’s hub surface - CFD

Fig. 4-8 Limiting streamlines on RR3 rear rotor’s surface at  =28L/s

Seen from the hub surface, the complex flow patterns described above could be better
understood. Generally, compared to the front rotor, the rear rotor presents the highly

complicated streamlines covering on its hub area. As measured by the 5-hole probe (Fig. 4-4),
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the front rotor’s hub back flow is still influential at the rear rotor’s leading edge (LE). Under
such low flow rate, the stagnation points on the rear rotor blades are supposed to locate more
downstream from LE due to the well increased attack angles. Thus, the secondary flows  and

are recognized as the streamlines go along the blade profile of the hub section separating at
the stagnation point C.

The flow  merges with the flow from the adjacent blade , and then continues to go
downstream as a part of passage outflow. While some of flow is driven to the opposite blade
suction surface by the overwhelming pressure gradient, and then joins in the boundary layer
flow near the hub surface which turns around the trailing edge of the adjacent blade. The
integrated flow continues to raise radially outward on this suction surface, and eventually results
in the secondary flow structure observed above. On the hub surface, the four flow streams
., and ) diverge from each other, and a clear saddle point can been observed.
The region around this point is supposed to have well reduced axial velocity and pose the
significant blockage inside the flow passage.

In general, taking account of all the passage boundaries, one can obtain a full view of such
significant secondary flow. By reducing the flow rate, the blade loading is consequently
increased, and the pressure difference between the pressure surface (PS) and the suction surface
(SS) of each blade is increased for the fore part of the blade. Moreover, the hub back flow at the
front rotor’s outlet makes the inlet flow rate of the rear rotor in the near hub region pertinently
reduced. Hence, the adverse pressure gradient on the rear rotor’s suction surface becomes
remarkably significant in the near hub region, which results in the thickening of the boundary
layer in the corresponding area. In such condition, the passage secondary flows emerge majorly
as: 1) the boundary layer separation on the SS due to the overwhelming adverse pressure

gradient, 2) the low-momentum fluid in one blade’s hub boundary layer is driven to the SS of
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the neighboring blade as , 3) the boundary layer fluid at one blade’s PS turns around the
trailing edge toward the SS of the same blade as

Overall, with the flow rate descending to such low level less than 28 L/s, which is 40% of
the design flow rate  , any of these secondary flows is supposed to be remarkably developed
and result in severe passage blockage. The internal flow fields as well as the pump
performances in turn rapidly deteriorate as described on the performance curves in Fig. 4-3.
Considering these secondary flow structures as the major loss mechanisms, the similar
secondary flow structures had also been found in the RR2 rotor pair [65]. But compared with
the RR2 type, the RR3 rotor pair designed with the increased attack angle (Table 3-7) has
relatively larger blade loading even under the identical flow rate, and therefore suffers from the
flow field and performance deterioration more significantly. On the performance curves in Fig.
4-3, it could be found that the rear rotor RR3 shows the superior head rises but the inferior
hydraulic efficiencies in a rather wide partial flow range. Moreover with the flow rate further
decreased, its hydraulic head starts to drop due to the highly deteriorated internal flow field.

In order to understand the rapidly reduced pump performance as well as the steeper positive
slope on RR3’s head curve, the experimentally obtained limiting streamlines at =21L/s are
presented in Fig. 4-9.

By reducing the flow rate from =28 L/sto =21 L/s, the secondary flow on SS appears
with the leading location more upstream, but its region is unexpectedly narrowed in spanwise,
and moreover the boundary layer fluid turning around the trailing edge (in region B) becomes
more significant. In other words, due to the pertinently enhanced adverse pressure gradient, the
boundary layer on the suction surface separates more upstream resulting in more passage flow
near the hub surface enrolled into the secondary flow structure. From the hub streamlines, such

secondary flow can be observed to be reinforced, and go much more upstream of the
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adjacent blade’s suction surface. In addition, the low-momentum region around the saddle

point also appears to be enlarged.

(a) RR3rearrotor’sSSat =28L/s (b) RR3rearrotor’sSSat =21L/s

(c) RR3rear rotor’s hub surface at =28L/s (d) RR3rear rotor’s hub surface at =21L/s

Fig. 4-9 Limiting streamlines on RR3 rear rotor’s surface at  =28L/s and 21L/s

4.3.4 Tip leakage vortices obtained by numerical simulations

Reproducing the detailed internal flow fields by the CFD simulations, the better
understanding can be obtained for the secondary flow structures under the low flow rates. In Fig.
4-10, the contour maps of  and surface velocity vectors on several meridional planes inside

the RR3’s passage are presented.
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(@) RR3rearrotor’sTEat =28L/s (b) RR3rearrotor’s TEat =21L/s

(c) RR3rear rotor’s passage at =28L/s (d) RR3 rear rotor’s passage at =21L/s

Fig. 4-10 Contour maps of ~ and surface velocity vectors on several meridional planes

On these contour maps, a large mass of low-momentum fluid can be identified with its low
velocity magnitude (marked in blue). As estimated by the experiments, it majorly stacks at the
hub-SS (suction surface) corner and takes the increasing volume along the chordwise direction,
and it has developed into a considerable blockage by the blade trailing edge. With the calculated
surface velocity vectors, the flow directions inside such fluid mass could be clearly identified as
follows: the secondary flow streams originate from the hub-PS (pressure surface) area of the
adjacent blade to the hub-SS region of the present blade, and then move radially upon the SS
until its mid-span part, and eventually exit the flow passage.

All of these findings indicate the severely thickened and separated boundary layer at the aft

part of the suction surface, and the subsequently emerged secondary flows under the significant
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pressure gradient. Combining with the observations from the previous experiment results, such
complex internal flow patterns and its induced severe passage blockage could be confidently
validated to be the major loss mechanisms for the RR3 rear rotor in the low flow rate range.

In addition, with the CFD technology, the tip leakage vortex can also be well visualized. As
shown in Fig. 4-10, it could be recognized in the near-shroud region, as the areas (marked by
black dashed lines) of the relatively low velocities and the velocity vectors in circular motion.
At these two flow rates, due to the significant pressure difference between the PS and SS, the tip
leakage vortices emerge very close to the blade leading edge, and also pose severe blockage in
the flow passages. Here, the mechanisms of this type of flow phenomenon still remains
unknown, but it could be emphasized that with the increase of blade loading due to the flow rate
reduction, the tip leakage vortex usually appears to be well reinforced and be more detached
from the suction surface [66-69]. On the contrary, for the rear rotor of this contra-rotating axial
flow pump, by reducing the flow rate from =28L/sto =21L/s, the tip leakage vortex of RR3

blade switched to be more close to the suction surface as shown in Fig. 4-10.

(a) At =28L/s (b) At =21L/s

Fig. 4-11 RR3 rear rotor’s static pressure contours at cylindrical surface of / =0.975

The static pressure contours at the near-tip cylindrical surface in Fig. 4-11 better describe
such unexpected variation. On these contours, the tip vortices could be easily recognized by the
low pressure trough (marked by black dashed lines) due to the remarkable static pressure

reduction in their vortex cores [68].
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With the flow rate descending to 0.4 ( =28L/s), the blade loading especially at the tip
profiles increases to a rather high level, and the tip leakage vortices are in turn significantly
enhanced and remarkably detached from the suction surfaces. As shown in Fig. 4-11 (a), due to
the inherent large stagger angles of the rear rotor, the more detached tip leakage vortices are
capable to get out of the flow passages at this flow rate. Further reducing the flow rate to
0.3 ( =21L/s), it was expected that the tip leakage vortices would get more upstream, but it
is interesting to see that those get back into the blade passages as illustrated in Fig. 4-11 (b),
indicating the reduced blade loading in the tip region.

Combining with the distributions at the rear rotor inlet (Fig. 4-4 (e)) and outlet (Fig. 4-5
(c)), one can understand better about this loading reduction. Despite of the well reduced average
flow rate, RR3 shows the local flow rate increase in the near-shroud region, due to the various
blockages in the lower part of the passage. Such increase generally starts from =42L/s. Based
on these velocity distributions, the rear rotors’ incidence angle distributions can be calculated

and is shown in Fig. 4-12.
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Fig. 4-12 Incidence angle distributions of rear rotors in RR3 and RR2 pairs

Consistent with its superior work capacity, the RR3 type presents the highly increased

incidence angles in the full flow range compared to the RR2 type. Generally, the incidence
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angle continuously increases with the reduction of the flow rate; while in the presence of several
complex flow structures with the flow rates less than =42L/s, it does not follow this way.
When the flow rate descends to the rather low level, the both rear rotors show the decreased
incidence angles around their tip area, which implies the reduced blade loading at the
corresponding locations. This coincides with the findings of the local flow rate increase, which
pertinently explains the tip leakage vortex’s behavior of getting back into the flow passage at

=21L/s for the RR3 rear rotor.

4.4  Summary

By now for the RR3 rear rotor which was designed with the rather large attack angles, the
existence of the significant secondary flow structures has been confirmed by both the
experimental and simulation approaches. They are majorly attributed to the remarkable blade
loading as well as the overwhelming pressure gradient inside the flow passage, and then result
in the severe passage blockage and the deterioration of pump performances. When the pump
discharge further reduces to a rather low level, the local flow rate near the tip region is sharply
increased due to the serious blockage in the lower part of the flow passage, inducing the
decreased blade loading at the corresponding location. The tip leakage vortex consequently gets
back into the passage and poses another considerable passage blockage, resulting in more rapid

pump performance deterioration as well as the remarkable positive slope of the head curve.
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5 Rotor-rotor interactions in new contra-rotating rotors

As mentioned in the introduction, the rotor-rotor combinations are usually characterized by
the relatively significant interactions between two blade rows, and their suppressions have
become one of the important design factors for various types of contra-rotating rotor-rotor
applications. In the design stage of the present new contra-rotating axial flow pump, the
optimization of the blade-to-blade pressure distributions as well as the suppression of the
potential interactions between the two rotors are also emphasized. This chapter majorly
concentrates on the experimental findings about the blade rows interactions in the newly
designed contra-rotating rotor pair. As the major experimental approaches in the blade rows
interaction investigations, the casing wall static pressure measurement methods are firstly
introduced. Then, the axial distributions of the pressure fluctuation strength of the Blade Passing
Frequency (BPF) components in two types of contra-rotating rotor pairs are presented. And
moreover, the pressure fluctuation modes with the frequencies both synchronous and
non-synchronous to the BPF components are discussed. By transferring the casing wall pressure
data sampled in time domain into space domain, the ensemble averaged blade-to-blade pressure
distributions at the blade tip of two contra-rotating rotors are studied, and the associated blade

loading curves are presented.
5.1 Casing wall static pressure measurements
5.1.1 Overview of casing wall pressure measurement experiments

Due to its close proximity to the blade tip, the casing wall has long been known for its
informative pressure field data, and the various internal flow properties could be investigated

from them. By means of the frequency spectrum analyses on the pressure data measured at the
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casing wall, Kameier, F. et al. investigated the tip clearance noises and associated rotating
instabilities for the axial flow turbomachines [70]. Yamamoto, A. et al. researched the tip
leakage flow and the rotor-stator interactions inside an axial flow turbine by measuring the
casing wall pressure distribution using high response pressure transducers [71].

In the present chapter, the blade rows interactions and the associated flow field properties
are well investigated by taking advantage of the pressure measured on the pump casing wall.
Two measurement methods were employed respectively for the pressure fluctuation
investigation and the establishment of the blade-to-blade pressure fields as shown in Table 5-1.
Basically, they shared the sixteen major pressure taps (Ch1~16) which cover from the upstream
to the downstream of the rotor pair as illustrated in Fig. 5-1, and the other five taps A1~3 and

A5~6 were only adopted for the correlation analysis on pressure fluctuation modes.

Table 5-1 Two pressure measurement methods

Measurement Pressure Fluctuation Pressure Field

Method Measurement (PFTM) Measurement (PFEM)

Purpose BPF Distribution ~ Correlation Blade-to-Blade Pressure
Investigation Analysis Field Establishment

Pressure Taps Chl~16 Al~6 Ch1~16

Pressure Transducers PGMC-A-200KP  PGMC-A-200KP PGMC-A-200KP

Amplifier DPM-603A DPM-603A DPM-603A

A/D Program Continuous Continuous Rotor Location
Sampling Sampling Triggering
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(b) Pressure taps on cylindrically developed casing wall

Fig. 5-1 Distributions of pressure taps for contra-rotating rotor pair RR3

The identical types of pressure transducers (PGMC-A-200KP) and amplifiers (DPM-603A)
were used for all these measurements, but the pressure data acquisition programs for pressure
fluctuation measurement (PFTM) and pressure field measurement (PFEM) were quite different
in terms of trigger timing, sampling frequency, sampling number, etc. Since the amplifier
DPM-603A has already been introduced in Chapter 2, here | only give the major specifications

of the pressure transducer PGMC-A-200KP in Table 5-2.

Table 5-2 Pressure transducers for casing wall pressure measurements

Pressure Model PGMC-A-200KP
Transducers Rated Capacity 200kPa
Rated Output 0.6 mV/V (1200um/m)
or more
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Nonlinearity Within £1.5% RO

Hysteresis Within £1.5% RO
Safe Overload Rating 150%
Safe Temperature Range 0to 50°C

5.1.2 Pressure fluctuation measurement (PFTM)

1) The pressure measurements were firstly conducted by the continuous samplings at
Chl~16 using the strain-gage type pressure transducers. The sampling frequency was
determined to correspond to every 2.5 degree rotation of the front rotor which was determined

with a higher rotation speed in the RR3 rotor pair, resulting in the sampling time interval as

=2 9 _ 5 18e-4 second
—360- = o.loe-4 secon

the sampling number of 8192 was adopted which had been proved sufficient for the frequency
spectrum analysis.

2) In expectation of recognizing the pressure fluctuation modes induced by the rotor-rotor
interactions as well as capturing the instabilities propagating in the circumferential direction,
two series of pressure taps (Al-4, A5-6) with the different peripheral but the identical axial
locations were prepared at two sections as shown in Fig. 5-1. The pressure data was firstly
acquired at these locations with the above sampling settings, and then processed for the
correlation analysis. This is a quite helpful mathematical technology to identify the pressure
fluctuation modes resulted from the rotor-rotor interactions by reading their phase differences at
any two peripheral locations, and the details of this method will be explained in the following

sections.
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5.1.3 Pressure field measurement (PFEM)

1) Measurement concept

By now, numerous researchers have experienced establishing the ensemble averaged
distributions for the specific flow characteristics inside the rotating machineries by measuring
them synchronized to the rotation of the rotor blade. For examples, with a counting system
detecting the rotor blade positions, Ottavy, X. et al. reconstructed the velocity fields under
various rotor-stator relative locations for the high speed compressors [72]. Estevadeordal, J. et al.
reproduced the flow fields at the certain rotor locations in a low speed axial flow fan by means
of a measurement system synchronized to the blade position [73].

Compared with the traditional rotor-stator combinations in their studies, the contra-rotating
rotor-rotor case needs one stationary and two non-synchronized rotating frames to be considered,
which means the measurement system located in the stationary frame relatively moves in the
both two rotating frames. The data acquisition for the ensemble averaging cannot be made only
synchronized to one rotating frame, but must be done with the both rotating frames tracked. In
that case, the measurement should be carried out under any required spatial relationship between
all three frames, to obtain the ensemble averaged flow fields at the corresponding rotor-rotor
relative position.

The measurement system for the pressure field measurement (PFEM) is schematically
described in Fig. 5-2. The acquisitions of analog signals are initiated by a preconditioned trigger
signal, which is given as the reference for the peripheral positions of two rotors, and then are
continuously carried out with a given sampling frequency at least during one revolution of the
both rotors. This whole process was controlled by the A/D converter equipped in a personal
computer. To obtain the blade-to-blade pressure distributions, several sets of trigger signals are

required which are generated by the following way.
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Fig. 5-2 Schematic view of measurement system for PFEM

As shown in Fig. 5-2, at the end of each shaft, an electromagnetic detector (Ono Sokki Co.,
Ltd, MP-981) is equipped to generate a single pulse signal per revolution of the corresponding
motor, and this type of detector has also been employed for the rotor rotation speed monitor
system as discussed in Chapter 2. It enables us to adjust the exact timing of pulse generation, i.e.,
the peripheral position of the respective rotor at arbitrary moment. By using an AND gate for
two pulses generated at the preferred peripheral position of the respective rotor, one can obtain a
single pulse under any known relative peripheral position between the front and rear rotors,
which is then used as the trigger signal for the pressure data acquisitions.

As for the sampling frequency  in PFEM, the time duration of 5° relative rotation
between the front and the rear rotors is considered as the sampling time interval A , which can

be calculated as follows,

5 60

= T R— = 3.42e-4 second

Since the spatial relation between the front and the rear rotors changes constantly, it is

necessary to collect the data under the identical relative peripheral position A (Fig. 5-3)
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between the two rotors to obtain the ensemble averaged blade-to-blade pressure distributions. To
do so, it is required to rearrange such time-dependent pressure data measured in the stationary
frame, and convert them into the spatial domain by the following procedure.

2) Spatial conversion and data rearrangement

As shown in Fig. 5-3 (a), a reference line in the stationary frame is depicted as a magenta
chain line. And then the each rotor’s peripheral position in the stationary frame, and ,can
be specified at any instance from the peripheral locations of their respective blade F1 and R1
relative to the reference line, as () = + and ()= - , Where and

respectively represent the peripheral locations of F1 and R1 at the trigger instance, and

denote the angular rotating speeds of the front and rear rotors, and t as the time duration

after the trigger.
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(b) Overall pressure data locations under a relative rotor-rotor position A =0

Fig. 5-3 Schematic pressure rearrange methods in PFEM
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Hence, the rotor-rotor relative position A () at any moment t is given as follows, with the

rotation direction of the front (rear) rotor set as positive (negative).
A= O- O=C - )+ + (5-1)

One can basically specify any arbitrary values for and by setting the trigger pulse
signals individually for the front and the rear rotors. By measuring the time-dependent pressure
data with the appropriately determined values of (  — ) by Eq. (5-2), collecting the data
under the identical A but at different time t, and then rearranging them into the blade-to-blade
domain as demonstrated in Fig. 5-3 (b) (an example for A =0), it is possible to acquire any

desired blade-to-blade pressure distributions.

- = + A= x5 (5-2)

In Eq. (5-2), is an integer with the conditionof =2 ( =0,1, 2, ,35), so that the
full blade-to-blade pressure distributions in every 10 degrees of A could be obtained in the
experiments.

3) Measurement settings for rotor pairs of two rotation speed combinations

With the above considerations, the pressure measurement experiments for the two rotor
pairs RR2 and RR3 are specified with the different parameters based on their respective rotation
speed combinations as listed in Table 5-3. And each measurement experiment is specified to be

repeated at least 10 times for ensemble averaging.

Table 5-3 Pressure measurement settings for RR2 and RR3

[min] [min®] A [s] [-] [-]
RR2 Pair 1225 1225 3.40136 e-05 144 0to 35
RR3 Pair 1311 1123 3.42372 e-05 156 0to 35
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5.1.4 Correlation analysis

Based on the Fourier analyses of the time-domain series pressure data () measured at
the certain pressure tap A,, as well as the certain peripheral location , the pressure spectrum

( ) could be given as follows,
()= @ (5-3)

To validate the propagation of the critical pressure modes in the peripheral direction, the

function of cross spectrum ( ) isintroduced here as Eq. (5-4).
o1
()= @ =lim= () () (5-4)

Based on that, the correlation between the pressure series obtained at any two locations
and can be investigated. In this equation, ( ) represents the cross correlation function
between the discrete data series and at the time lag , and * marks the conjugation of
one complex. Then it can be easily understood that, for the certain pressure mode m with the
frequency f, the phase angle () of the above cross spectrum (), as well as the phase
angle difference between two complexes () and (), is capable to represent its

propagation speed Q in the peripheral direction.

O= O- O=a (5:5)

Since m also indicates the number of complete waveforms in the duration of 2m, the angular
location distance between two pressure taps A = - could be easily linked with the phase
() as the following Eq. (5-6), by which the predicted circumferential pressure modes can

be validated using any two series of the pressure data sets.

()= -A (5-6)
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As an indicator to evaluate the relation between two pressure data sets, the spectral

coherence () isalso introduced as follows.
_ ()
O=—5"10 (5-7)

5.2 Prediction of frequency modes associated with rotor-rotor interactions

The frequency spectrum analysis has long been known as a helpful mathematical technique
for the flow field investigation. By transferring the time-domain series data of a certain flow
property into the frequency domain, it is possible to recognize the impacts from any other
physical processes by the associated frequency components. This flow property could be
pressure, velocity or other typical characteristics obtained at any critical location. In the rotating
machineries, the influences associated with the individual rotor can be recognized by the
well-known frequency component BPF (blade passing frequency), which is determined by the
blade number and rotor speed. While to understand the interactions between two blade rows, the
relevant frequency components need to be carefully calculated.

In 1960s, Tyler, J. M., and Sofrin, T. G. theoretically derived the expressions for fluctuation
modes associated with the rotor-stator interactions [74]. Based on their study, plenty of
researchers worked out the exact frequency components, and studied the rotor-stator interaction
behaviors in their specific rotating machinery cases [70, 72, 75, 76]. While for the rotor-rotor
combination case, no theoretical analysis about blade rows interaction seems to be reported
before. In the present researches, on the basis of such rotor-stator case, the prediction equations
for the pressure fluctuation modes induced by the rotor-rotor interactions are derived as follows.

These equations are believed to be also available to apply in other flow properties.
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5.2.1 Derivation of frequency modes associated with rotor-rotor interactions

In a simple rotor-stator combination as schematically shown by Fig. 5-4 (2), with the stator
number as ‘F’ and the rotor number as ‘R’, the interactions between a certain stator blade q and
all the rotor blades would result in the periodic pressure fluctuations at any circumferential

location 0 as expressed by Eq. (5-8) [74].

6
() Rotor-stator case (b) Rotor-rotor case
Fig. 5-4 Schematic figures accounting for the blade rows interaction
2 2
(,)=  cos -—— - A -—75) (5-8)

In this equation, m and n are the orders of the harmonic components in spatial and time

domains respectively, denotes the angular rotation speed of the rotor, and a for the amplitude

of each mode.

Considering the influences from all the stators collectively, the pressure fluctuations at

location 6 could be expressed as follows,
2
)= )=, cos - Q-(C - )— (5-9)

given m, n and k as any arbitrary integers, according to the properties of trigonometric functions,

99



this equation could be simplified as the following form

_ cos( — Q) -
()= | 0 _ 2 (5-10)

This equation physically indicates, at any peripheral location 8, only the pressure
fluctuation modes with the condition of m-nR=kF could be persistent with the angular
frequencies of Q =nRQ, while the others all diminish to zero since the identical modes induced
by the different stator blades cancel each other due to their phase differences.

In the contra-rotating rotor-rotor case, where ‘F’ is regarded as the front rotor blade number
and ‘R’ as the rear rotor blade number (Fig. 5-4 (b)), setting the rotating direction of the front
rotor as positive, the pressure modes associated with each rotor in its individual rotating frame

could be expressed as follows.

Front rotor: )= . cos( - (= = )) (5-11)

Rear rotor: )= . cos( - ( + )) (5-12)

Transferring Eqs. (5-11) and (5-12) into the stationary frame, with the relations of

= - ,and =+ ,and also given the condition of m-nR=kF, the following Eqgs. (5-13)

and (5-14) could be obtained
(.)=  cos(C —( - )) (5-13)

(.)= ccos(C —( - )) (5-14)

As shown in Egs. (5-13) and (5-14), for a rotating machinery with the rotor-rotor
combination, at any peripheral location 8 in the stationary frame, the pressure fluctuation mode
m introduced by the rotor-rotor interactions appears with the angular frequencies of

kFwe-nRwg, where m, n, k are any arbitrary integers satisfying the condition of m=nR+kF.
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5.2.2 Predicted pressure modes for two rotation speed combinations

Given two rotation speed combinations of rotor pairs RR2 and RR3, and the blade number
of the front and the rear rotor as 4 and 5 respectively, the rotor associated fluctuation modes
which probably exist in the stationary frames are capable to be predicted. In Table 5-4, such
pressure modes with low circumferential wave numbers (Jm|<10) for two speed combinations
are listed, and the modes with higher m are not considered since they are believed to be with

fairly weak amplitudes.

Table 5-4. Predicted fluctuation modes in two rotation

speed combinations

N;=1311 N,=1123 (min™) Ni=N,=1225 (min™)
m Frequency m Frequency
-10 187.17 -10 204.17
-8 636.53 -8 653.33
7 455.55 -7 469.58
-6 274.57 -6 285.83
5 93.58 5 102.08
-4 723.93 -4 735.00
-3 542.95 -3 551.25
-2 361.97 -2 367.50
-1 180.98 -1 183.75
1 630.35 1 632.92
2 449.37 2 449.17
3 268.38 3 265.42
4 87.40 4 81.67

5 717.75 5 714.58
6 536.77 6 530.83
7 355.78 7 347.08
8 174.80 8 163.33
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5.3

As a well-known frequency component, the blade passing frequency (BPF) determined by
the blade number and the rotor rotation speed is highly representative for the influences
associated with any individual rotor. In Fig. 5-5, the axial distributions of the strength of the

measured BPF modes for two rotor pairs RR2 and RR3 are given at the design flow rate

L/s and the off-design flow rate

corresponds to the BPF component of the front rotor while the mode of m=-5 (n=1, k=0)

corresponds to that of the rear rotor.

Blade passing frequency (BPF) distribution for both rotor pairs in axial direction

=28 L/s. In these figures, the mode of m=4 (n=0, k=1)
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(b) At partial flow rate

Fig. 5-5 Axial distributions of the measured BPF modes for RR2 and RR3
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In general, it is distinctive that the BPF mode of each rotor decays relatively slow in the
upstream direction since the high blade loading basically locates at the fore part of the blade. As
the previous theoretical analysis [44], the rear rotor located downstream plays a more critical
role in the rotor-rotor interaction regardless of the operating flow rate, since its influences
always extend deep inside the front rotor’s passages while the front rotor’s BPF components
nearly vanish at its own trailing edge. Therefore, the RR3 type rear rotor, which has been
designed with the reduced rotation speed as well as the decreased stagger angles (Table 3-7),
seems to have the relieved interaction to the front rotor, since its BPF mode diminishes to the
much lower level at the front rotor’s trailing edge.

From the variation in the individual rotor’s BPF peaks, it can also be seen the renewed
work division inside the contra-rotating rotor pair RR3. Consistent with the increased blade
loadings, the front rotor shows the reinforced BPF peak around its own leading edge. While for
the rear rotor RR3, which offers the increased head rise at =70 L/s but the inferior head rise at

=28 L/s compared to the RR2 type (Fig. 4-2), it persistently shows the well reduced BPF peak
at its leading edge. Hence, one can understand that the loading situation must not be the unique
reason to determine the BPF strength, and the more careful design especially the consequently
reduced stagger angles must also contribute to this. Thus, the significances of the appropriate
work ratio as well as the rotation speed combination in the contra-rotating rotors are once again

emphasized.

5.4 Correlation analyses on pressure data obtained at various peripheral locations
5.4.1 Correlation analyses results at design condition

The pressure spectra obtained from four circumferentially located pressure taps Al~4 (rear
rotor inlet section as shown in Fig. 5-1) in the RR3 rotor pair at the design flow rate are

presented in Fig. 5-6.
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Fig. 5-6 Spectra of casing wall pressure obtained at the rear rotor inlet A1~4 under
the design flow rate =70 L/s
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It is clear that, at the identical axial location, the pressure frequency spectra obtained from
the varied peripheral positions highly resemble with each other. These frequency spectra are
generally dominated by the BPF components of two rotors, their higher harmonics, and
unknown peaks with weak strengths. The intensive components with the relatively higher
amplitudes in the low frequency range are believed to be the disturbances from the entire test
loop system. Since with the entire testing pipe system operating in the absence of both rotors,
but with the booster pump operating at the same flow rate, the fluctuation components at such
low frequency range were still detected at the corresponding pressure taps as the spectrum
plotted in deep blue in Fig. 5-6. At the design flow rate, such components highly resemble the
low frequency modes obtained with both rotors applied. Therefore, it is confident to neglect the
low frequency range (f < 90 Hz) at this flow rate and to focus on the modes described in Table
5-4 during the rotor-rotor interaction investigation.

Against the theoretically calculated pressure modes in Table 5-4, several noticeable peak
components f,, (Table 5-5) in the relatively higher frequency range were found, and supposed to
be associated with the individual rotor’s rotation or the rotor-rotor interactions. To pertinently
validate this, the mutual correlations among the identical modes f,, obtained at the different
peripheral locations (A1~4) were investigated.

As introduced in Sec. 5.2.3, the cross spectrum () of any two frequency series were
calculated, and then their corresponding phase angles ( ) were obtained to compare with
the theoretical ones induced by such two taps’ peripheral distance m*A , and moreover the
spectral coherences ( ) were acquired. In Table 5-5, only the calculation results

between Al and A3, A3 and A4 are presented since the space limitation.
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Table 5-5. Correlation analyses results for two rotation speed combinations at the

design flow rate  =70L/s

N;=1311 N,=1123 (min™)

Aland A3 A3 and A4
m fm

m*A0 Qi3 Coh?; m*A0  Qu Coh?;,
-10 186.9 -140  -1422 1.00 -180 -169.2  1.00
-6 2745 60 70.4 0.82 -180 -166.3  0.91
-5 93.7 110 109.6 1.00 -90 -86.2 1.00
-2 3620 -100  -100.1 0.86 180 177.7 0.74
-1 1812 -50 -40.7  0.96 -90 -81.8 0.95
2 449.5 100 13.3 0.60 180 34.4 0.86
3 268.3 -210  -153.3 0.50 -90 -75.2 0.37
4 87.5 -160 -171.3 081 0 9.2 0.95
6 536.3 300 71.2 0.82 180 26.1 0.57
7 335.1 -10 -475  0.57 270 39.0 0.50

Ny =N,=1225 (min™)

Aland A3 A3 and A4
m fim

m*A8 Qi3 Coh?;; m*A8  Qq Coh?;,
-10  204.2 -140  -140.3 1.00 -180 -169.1 1.00
-6 2856 60 56.1 0.88 180 178.5 0.56
-5 1021 110 109.9  1.00 -90 -87.4 1.00
-2 367.4 -100  -85.3 0.91 180 173.1 0.93
-1 1835 -50 -31.3 097 -90 -92.8 0.97
2 448.7 100 61.9 0.57 180 132.8 0.67
3 265.3 150 165.8 0.82 -90 -80.0 0.79
4 81.8 200 1770  0.92 0 -30.9 0.95
6 530.9 300 745 0.76 180 -11.8 0.19
7 348.6 -10 -27.7 0.76 -90 -132.2 0.55
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It can be easily seen from Table 5-5 and Fig. 5-6 that with m or/and frequency increasing,
the corresponding modes descend to be rather weak and almost in the same level with the noise
disturbances from the entire test system, and in turn the correlations between those from any
two data series become too weak to be recognized.

The modes synchronous to the rear rotor rotation m=-5, -10, as its BPF component and 2nd
order harmonic, appear with the highest amplitudes in the whole frequency range. For those
components, the best consistence between the measured cross spectrum phases () and
the theoretical ones were found as shown in Table 5-5, and the remarkably high correlations
between any two data series were obtained with the spectral coherences ( )=1. Since the
mode m=4 synchronous to the front rotor’s rotation decays rather rapidly in the downstream
direction as mentioned in Fig. 5-5, it shows the cross spectrum phase more deviated from the
theoretical one and slightly reduced spectral coherences compared with the stronger mode m=-5.

The modes with the increased m value or frequency, whose amplitudes are reduced to the
much lower level, become quite vulnerable to the errors from either the flow instabilities or the
test equipment system itself. As shown in Fig. 5-7, the mode m=-2 with the predicted frequency

of 361.97 Hz is hardly able to be recognized merely by its amplitude.

0.03—r——rr—r—rrrr—rrr
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Q=70L/s i
_0.02- |—N¢=1311 N, =1123 mE -20 |
E No rotor 4th harmonic of |
T rear rotor's BPF
0.0+ m= -2 1

0 310 320 330 340 350 360 370 380 390 400
Frequency [Hz]

Fig. 5-7 Pressure spectrum in higher frequency range

The weakened amplitude implies the increasing relative standard deviation among the four
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pressure spectra and in turn the well decreased spectral coherences. Figure 5-8 presents the
averaged amplitudes and spectral coherences for the modes non-synchronous to any BPF
components at the design flow rate =70 L/s. The data obtained from the RR3 pair with the
both front and rear rotors operating at equivalent speed (N=N,=1225 min™) is also plotted in
this figure for the comparison. It could be seen that the spectral coherences ( ) generally
vary in the same trend with amplitudes. Hence, the correlations are merely able to be identified

confidentially for the modes with the absolute value of m below 7 or the frequency below 450

Hz.
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Fig. 5-8 Amplitudes and spectral coherences of the pressure modes
non-synchronous to BPF components

In addition from Fig. 5-8, it can be found that the new rotation speed combination (N=1311
min™ N,=1123 min™) offers slightly but still noticeably lower amplitudes at most of the modes
non-synchronous to the BPF components, which demonstrates the weakened rotor-rotor

interactions in the rotor pair of new rotation speed combination.
5.4.2 Correlation analyses results at partial flow rate

At the critical partial flow rate  =28L/s, it was again confirmed that the pressure spectra
from the measuring locations A1~4 are quite similar, so that only the averaged results are given

in Fig. 5-9. From this figure, it could be found that the amplitudes get sharply raised in the
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whole frequency range in contrast with those at the design flow rate (Fig. 5-6).
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Fig. 5-9 Average pressure spectra at the rear rotor’s inletat  =28L/s

From the secondary flow analyses in the previous chapter, operating at the flow rate fairly
lower from the design condition, the both front and rear rotors present sharply increased head
rises, and the flow patterns especially at the middle position of two blade rows consequently
develop to be rather complicated with various back flows and unstable vortices. Such flow
instabilities are supposed to introduce numerous disturbances as well as fluctuation modes as
shown in Fig. 5-9. The modes associated with the rotor-rotor interactions are rather difficult to
be recognized in almost the whole frequency range.

On the other hand, at the downstream location of the rear rotor where the flow patterns are
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less complicated, the rotor-rotor interaction associated modes remain in a recognizable level. As
shown in Fig. 5-10, the noises and disturbances appear with much lower strengths, so that a few

of representative modes are capable to be identified.
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Fig. 5-10 Average pressure spectra downstream of the rear rotor

In Table 5-6, such modes which could be recognized downstream of the rear rotor at the
design and partial flow rates are presented.

Compared with the upstream location of the rear rotor, the downstream location can merely
offer fewer modes with fairly weak amplitudes, due to being far apart from the rotor gap region
where the two rotors’ pressure fields mutually interfere. Generally, except for the modes m=-5
and -10 synchronous to the rear rotor’s rotation, and the non-synchronous ones m=-1 and -2

with low frequencies, other modes all diminish to be unrecognizable. Nevertheless, for the case
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of the partial flow rate =28L/s, the downstream location as shown in Fig. 5-10 (b) is still
informative since the pressure spectra at the rear rotor inlet section are dominated by various

disturbances resulted from the complex blade-to-blade flow structure.

Table 5-6. Correlation analyses results for two rotation speed combinations

at the design and partial flow rate (obtained downstream rear rotor)

N;=1311 N,=1123 (min™)

Q =70L/s Q=28L/s
m fn

m*A0 QSG Amp m*Af Q56 Amp
-10 187.3 -160 - - 160 109.09 0.015
-5 93.7 -100 -83.18 0.024 -100 -8241  0.116
-2 362 -40 -18.90  0.003 -40 -35.22  0.005
-1 181.2 -20 -18.56  0.019 -20 -28.00  0.039

N;=N,=1225 (min™)

Q=70L/s Q=28L/s
m fmn

m*A0  Qse Amp m*A0  Qsg Amp
-10 204.6 160 117.48 0.002 160 165.17 0.014
-5 102.1 -100 -66.25 0.017 -100 -98.68 0.123
-2 367.8 -40 -24.56  0.003 -40 -31.23  0.003
-1 183.9 -20 -19.90 0.024 -20 -23.77  0.027

Overall, it can be learned from the respective amplitudes of the modes m=-1 and -2
obtained at the design flow rate  =70L/s, the rotor-rotor interactions in the equal rotation speed
combination appear to be slightly but still noticeably stronger. This further implies the
effectiveness of the different-speed design methodology under the design condition. However,

in contrast, at the partial flow rate  =28L/s, the corresponding modes obtained in the different
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rotation speed combination appear with relatively higher strengths as plotted in Fig. 5-10 (b).
According to the performance studies in the previous chapter, with the flow rate reduced to a
rather low level, the RR3 rear rotor shows the very high loading situation, and in turn suffers
from fairly severe secondary flows inside its flow passage, which probably reinforce the

interactions between two blade rows.

5.5 Blade-to-blade pressure distribution in both rotor pairs

Based on the measurement method, the pressure field measurement (PFEM) introduced in
Sec. 5.1.3, the blade-to-blade pressure contours under various rotor-rotor relative positions were
obtained for both RR2 and RR3 rotor pairs. To better understand the two rotor pairs’ pressure
field properties, all the pressure data was converted into the hydraulic head  [m] relative to
the static pressure measured at the pump inlet section, and all contours were drawn with the
reference line (the magenta chain line in Fig. 5-3) set as Z-axis (longitude 0°) at the left

boundary of the figure.

5.5.1 Pressure distributions in both rotor pairs at design condition

Figure 5-11 represents the blade-to-blade distributions of casing wall static head for the
two rotor pairs RR2 and RR3, under the relative position of AB=50° at their respective design
conditions.

As described in the previous sections, the head division in the rotor pair RR3 was renewed
as H¢=2.15m and H,=1.85m to reduce the potential impacts from the rear rotor to the front rotor.
Consistent with the design expectation, from the contour levels marked by color and number in
Fig. 5-11 (a), it can be easily seen that, the front rotor shows the reinforced high pressure
regions while the rear rotor presents the weakened low pressure regions in the RR3 rotor pair.

As one of the essential results of the reduced rotation speed design, the lower stagger angles of
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the RR3 rear rotor do not appear to obviously contribute in reducing the interferences between
two blade rows’ pressure regions. This is perhaps due to the head rises of the both front and rear

rotors are still in a relatively low level at the design condition.
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(b) Pressure distribution of RR2 pair at A6=50°

Fig. 5-11 Pressure distribution of two rotor pairs at certain relative
angular position AB=50° under design condition
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Fig. 5-12 Axial distribution of averaged casing wall pressure for two rotor
pairs under design condition
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Since the high pressure regions offered by the front rotor in two rotor pairs remain in quite
different levels, their blade-to-blade pressure field properties cannot be well understood just by
comparing Fig. 5-11 (a) and (b). The axial distributions of the averaged casing wall static head
are given in Fig. 5-12. Between the sections ‘A’ and ‘B’ (marked by dark blue lines in Fig. 5-11),
the circumferentially averaged casing wall static head was found to be decreasing in the
rotor-rotor gap region of the RR2 rotor pair, while no obvious pressure change was observed for
the RR3 rotor pair. Considering this pressure decrease as the influences from the low pressure
regions of the downstream rear rotor, the RR3 pair is believed to have weakened blade rows
interactions at the design flow rate.

As mentioned in Chapter 3, under the design condition, the tip sections of the RR2 blades
were found with negative incidence angles and stagnation points located at the suction surfaces,
which was known as fairly unfavorable for the cavitation performances [5]. From Fig. 5-11 (b),
although the stagnation points of the RR2 profiles are insufficiently clear to be recognized, such
deficiencies could be identified by the aft-loading situation of those profiles.

With the consideration of the improved cavitation performances, the positive incidence
angle was emphasized in the design of RR3’s profiles. As shown in Fig. 5-11 (a), the RR3
profiles appear with the lowest and the highest pressure regions oppositely located at the suction
and the pressure surfaces near the leading edge, implying that the RR3 rear rotor meets such a

design expectation of loading at the fore part of the profile.

5.5.2 Pressure distributions in both rotor pairs at partial flow rate

As shown in Fig. 5-13, the differences in pressure field of two rotor pairs grow more
significant at the off design flow rate of =28L/s. From the respective performance curves (Fig.

4-2), it could be seen that, at this flow rate, the head rise of the rear rotor goes up to a fairly
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higher level compared with that of the front rotor in the RR2 combination, while the head rises

offered by the two rotors are still comparable in the RR3 pair.
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Fig. 5-13 Pressure distribution of two rotor pairs at certain relative angular
position AB=50°at =28L/s
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Fig. 5-14 Axial distribution of averaged casing wall pressure for two rotor
pairs at partial flow rate  =28L/s
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Consistent with the performance properties described above, in the RR2 rotor pair given by
Fig. 5-13 (b), the front rotor shows the weakened and vulnerable high pressure fields while the
rear rotor presents the rather strong low pressure fields. In addition, with its high stagger angle
the rear rotor RR2’s low pressure fields appear to be straightly towards upstream, resulting in
the significant impacts on the front rotor’s high pressure fields. Hence, the RR2 pair’s pressure
field between the two blade rows is majorly dominated by the low pressure regions of the rear
rotor, and the front rotor’s high pressure regions are limited in the narrow ranges very close to
its pressure surfaces during the rear rotor blade passing. Consequently in the RR2 rotor pair, at
such low flow rate, the front rotor suffers from the significantly fluctuated blade loading, and
the averaged static pressure was believed to be remarkably decreasing from the front rotor’s
trailing edge to the rear rotor’s leading edge. This remarkable static pressure reduction was then
confirmed in the axial distributions of peripherally averaged casing wall static head as shown in
Fig. 5-14.

In contrast, according to the performance curves, with the redesigned rotation speed
combination in the RR3 pair, the front rotor persistently offered superior head rise for almost the
whole flow range. Therefore as shown in Fig. 5-13 (a), the pressure field between the two blade
rows in the RR3 rotor pair is apparently dominated by the high pressure regions of the front
rotor, and the rear rotor shows the remarkably shrunk low pressure regions in contrast with the
RR2 type rear rotor. Furthermore, as one of the essential results from the reduced rotation speed
design, the smaller stagger angles of RR3 leads to the low pressure regions more towards its
own blade passages, which pertinently depresses the interactions between the pressure fields of
the two blade rows. In Fig. 5-14, the circumferentially averaged static head in the RR3 rotor pair
shows a slight decreasing tendency from the section ‘A’ to ‘B’ while a significant pressure

reduction is found in the corresponding locations of the RR2 rotor pair.
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Generally, with various benefits from the reduced rotation speed design, the pressure field
between the two blade rows in the RR3 rotor pair suffers from less pressure variation and be

capable to remain on a relatively high pressure level regardless of the operating flow rate.

5.6 Extractions of blade loading curves

Ordinarily, the actual pressure distribution at the exact blade tip profile usually deviates
from that evaluated without the consideration of the tip leakage flow. Numerous researchers
have confirmed that the tip leakage flow remarkably accelerates around the corner between the
pressure side and the tip surface where it enters into the tip gap [67, 68], and this acceleration
results in a significant static pressure reduction at the corresponding position. In Fig. 5-15, the
distributions for the static pressure and relative velocity along several streamlines through the
tip gap of RR3 rear rotor obtained by the unsteady numerical simulations are presented. As
described by other researchers, the fluid shows the remarkable velocity increase and pressure
reduction when it turns around the corner between the pressure side and the tip surface due to

the sharp curvature there.

BT © AANS)'S et © ANSYS

(a) Static pressure distribution along (b) Relative velocity distribution along
streamlines streamlines

Fig. 5-15 Distributions of pressure and velocity along several streamlines through tip gap
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Such pressure deficiency is also influential to the static pressure distribution on the casing
wall. As shown in Fig. 5-16, the obvious pressure reduction starting from the pressure surface
side of the rotor blade profile could be observed as region ‘D’. Thus, by the measured casing
wall static pressure contour map, the loading curves of blade tip profile with and without the
consideration of tip leakage flow were supposed to be obtained by the different estimation

methods.
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Fig. 5-16 Pressure measuring meshes for two rear rotors
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Fig. 5-17 Two methods to extract the blade loading curves
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In the present studies, without the consideration of tip leakage flow, the static pressures at
the points on the blade tip profile were estimated by the extrapolation method to establish the
loading curves of blade tip section. The inherent loading properties of the newly designed blade
profile could be better understood with the loading curves experimentally obtained in this way.
And moreover, to evaluate the blade tip section’s loading situation with the influences from the
tip leakage flow, the interpolation method was applied. As schematically shown in Fig. 5-17, in
the extrapolation method, the pressure at the certain point ‘P2’ on blade tip profile was derived
by two mesh nodes P(j+2) and P(j+1) at its single side (passage side). While in the interpolation
method, two mesh nodes P(j+1) and P(j) at two sides of this point were adopted. These two
methods will be further elaborated combining with the measurement meshes in Fig. 5-16.

As shown in Fig.5-16, for the interpolation method, the static pressure at a certain location
‘P1’ intersected by the blade profile and the measuring mesh is obtained from the linear
interpolation using two adjacent nodes P(j, i-1) and P(j, 1), which are respectively located at its
two sides. The pressure deficiency induced by the tip leakage flow could be therefore reflected.
Due to the large stagger angle and moreover the rather low thickness of the blade tip profile, the
extrapolation is more rational to be carried out using the nodes located in the axial direction.
Hence besides by the interpolation method, the pressure at the location ‘P2’ could be obtained
by the linear extrapolation using the two nodes P(j+2, i-1) and P(j+1, i-1) which are both located
at the flow passage side. The inherent loading properties of the blade profile could be estimated
in the extrapolation method since the adopted mesh nodes are both located in the main passage
flow territory.

Figure 5-18 shows the pressure coefficient C, distributions along the chord (x/l) for the
blade tip profiles of two rear rotors at the design flow rate. They were evaluated by the above

extrapolation and interpolation methods, and directly obtained at the near tip section (r = 0.98r,)
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and the casing wall by the unsteady numerical simulations.

The pressure coefficient C, is herein defined as

-

(/)= —

where pj, is the averaged static pressure measured at the rear rotor inlet section, U is the

peripheral velocity of the blade tip.
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Fig. 5-18 Loading curves of two type rear rotors obtained by experiment
and CFD approaches

Since the measurement meshes were relatively coarse in the axial direction and the blade tip
profiles especially for the RR3 type were designed with rather low thickness, the loading curves
predicted by the extrapolation approaches appeared to be highly fluctuated, and be not able to

recognize the critical pressure gradient at the leading edge. Nevertheless, the pressure variation
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tendencies on two blade sides offered by the extrapolation method and obtained at the near tip
section (r = 0.98r.) by the numerical simulations are quite similar, since they both avoided the
influences from the tip leakage flow. With the consideration of the tip leakage flow, the loading
curves obtained by the interpolation method and acquired at the casing wall by the numerical
simulations were found to well coincide with each other.

Overall, the inherent loading properties of the rotor blade tip profile were believed to be
generally captured by the extraction from the measured blade-to-blade pressure distributions
using the extrapolation method. From both experimental and numerical approaches, the pressure
deficiencies induced by the tip leakage flow were well reproduced, and the most significant
pressure reduction was found at the location with maximum loading as marked by the black
arrows.

As observed on the pressure contours in the previous sections, designed with the positive
incidence angle the newly designed RR3 rear rotor presents a fore-loading situation, while RR2
type shows an aft-loading status which was known as fairly unfavorable for the cavitation
performances. And for the RR2 rear rotor, both the experimental and the numerical results show
that the pressure on SS exceeds that on PS in a narrow region around the leading edge as shown
in Fig. 5-18 (a) and (b), pertinently indicating the stagnation point located on the suction surface.
Hence as predicted during the cavitation studies by means of NPSH, (Sec. 3.3.3), the pressure
surface is likely to suffer cavitation in such region in the case that the ambient pressure reduces
to a rather low level.

The RR3 rear rotor designed with the attack angle o around 8° at the tip shows extremely
high loading at the leading edge according to the CFD results (Fig. 5-18 (d)), as the loading
curves obtained from the similar airfoils under the attack angle of such large value [77, 78].

Ascribing the loading curve fluctuation to the errors induced by extrapolation, it is believed that
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the loading curves of the RR3’s tip profile highly resemble those obtained by the CFD, and the
pressure on the RR3 blade’s suction surface is supposed to also increase monotonously along
the chord. Therefore, although the relatively lower pressure at its leading edge is observed (on
suction surface as Fig. 5-18 (d)), which implies possibly earlier cavitation inception in contrast
with the RR2 blades under an equal ambient pressure, the RR3 rear rotor is still believed to be
superior in cavitation performances since the cavitation can be well limited on the suction

surface.

5.7 Summary

In this chapter, the investigations of the rotor-rotor interactions in two types of
contra-rotating rotor pairs were discussed, and the associated various pressure measurement
approaches and the data processing methods were also introduced.

With the continuous casing wall static pressure measurements and the subsequent frequency
spectrum analyses, the blade passing frequency (BPF) components of the individual rotor and
the pressure modes associated with both rotors’ rotation were recognized. Considering from the
strengths of the corresponding BPF modes, the rear rotor designed with the reduced rotation
speed as well as the decreased stagger angles presented relatively weaker impacts on the front
rotor both at the design and off design conditions. At the design flow rate, the pressure modes
associated with the rotor-rotor interactions were also found to be relieved in the contra-rotating
rotor pairs with the different-speed design method applied.

With the pressure measurement concept taking account of the revolutions of both front and
rear rotors simultaneously, the casing wall pressure data sampled in time domain was transferred
into space domain successfully, and the ensemble averaged blade-to-blade pressure distributions

under different operation conditions were obtained. Designed with the renewed work division
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between the front and rear rotors, the new rotor pair RR3 showed the enhanced high pressure
regions of the front rotor and the weakened low pressure regions of the rear rotor at various
operation conditions. As one of the essential results of the reduced rotation speed design, the
lower stagger angle of the RR3 rear rotor resulted in the low pressure regions more towards its
own blade passages especially at the partial flow rate. All of these indicated the relieved
potential interactions between two blade rows in the contra-rotating rotors with different-speed
design method applied.

Moreover, as one of the important design expectations, the superior cavitation performances
were confirmed for the newly designed RR3 rear rotor, of which the favorable blade
fore-loading situation could be observed from the pressure distribution contours and the blade

loading curves extracted from the casing wall pressure measurement results.
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6 Conclusions

Based on all the findings about the prototype contra-rotating axial flow pump with the
equal-speed rotors, this thesis primarily discussed the possibilities to improve the hydraulic
performances of the contra-rotating axial flow pump by rearranging the work division as well as
the rotation speed combination in the contra-rotating rotor pair.

As a determination method for the rotor-rotor speed combination in the contra-rotating axial
flow pump, the different-speed design method was proposed in expectation of the improved
cavitation performances as well as the relieved rotor-rotor interactions, and to better satisfy the
pump design specifications. Combining with several other design considerations (optimized
inflow distribution model, positive incidence angle, secondary flow suppression, etc.), a new
rear rotor was designed to work with the former front rotor (employed in the equal-speed
prototype rotor pair RR2) at the renewed rotation speed combination. And the investigations on
the relevant performances of the new contra-rotating rotor pair were subsequently carried out,
which could be majorly concluded as follows:

1) Based on the consideration of cavitation performance improvements, the different-speed
design method resulted in the reduced rotation speed and therefore the reduced stagger angle for
the rear rotor, which was also considered to be beneficial to weaken the rotor-rotor interactions.
Designed with the positive incidence angle and the variable maximum camber location, the new
rear rotor presented the stagger angles smaller in the hub region but larger in the tip region,
which was confirmed to be beneficial in terms of the work capacity (high hydraulic head rise)
and moreover the cavitation performances by the unsteady CFD simulations at the design flow

rate.
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2) Working at the redesigned rotation speed combination, the contra-rotating rotor pair RR3,
which consisted of the front rotor applied in the prototype contra-rotating axial flow pump and
the newly designed rear rotor, was then confirmed to highly satisfy the design specification
( =4.0m) with a relatively superior efficiency by both the experimental and simulation
approaches. But a more pronounced positive slope was observed on its head curve in the rather
low flow rate range, which was believed to be ascribed to the newly designed rear rotor since
the similar head deficiency was also found on its individual head curve.

3) The different-speed design method also resulted in the work division between the new
contra-rotating rotors quite different from that between the equal-speed contra-rotating rotors.
The front rotor persistently offered the higher head rise over the rear rotor for almost the whole
flow range in the RR3 pair, while in the RR2 pair its head rise was exceeded by that of the rear
rotor in the full partial flow range.

4) From the internal flow structure investigations by the 5-hole probe measurements, the
rear rotor was confirmed to be effective to suppress front rotor’s hub back flow, which was
typical and almost inevitable at the rotor outlet of axial flow pumps under rather low flow rates,
and the reason for the RR3’s inferior hydraulic performances in the rather low flow rate range
was believed to lie in its outflow condition.

5) With the multi-color oil-film method adopted to visualize the limiting streamlines in the
rotors’ boundary layers, the existence of significant secondary flow structures was confirmed in
the rear rotors at the low flow rates. They were majorly attributed to the remarkable blade
loading as well as the overwhelming pressure gradient inside the flow passage, and then resulted
in the severe passage blockage and the deterioration of pump performances. When the pump
discharge was reduced to a rather low level, the local flow rate near the tip region was sharply

increased due to the serious blockage in the lower part of the flow passage, inducing the
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decreased blade loading at the corresponding location. The tip leakage vortex consequently got
back into the passage and posed another considerable passage blockage, resulting in the more
rapid pump performance deterioration as well as the remarkable positive slope on the head
curve.

6) With the continuous casing wall static pressure measurements and the subsequent
frequency spectrum analyses, the blade passing frequency (BPF) components of the individual
rotors and the pressure modes associated with both rotors’ rotations were recognized.
Considering from the strengths of the corresponding BPF modes, the rear rotor designed with
the reduced rotation speed as well as the decreased stagger angles presented relatively weaker
impacts on the front rotor both at the design and off design conditions. At the design flow rate,
the pressure modes associated with the rotor-rotor interactions were also found to be relieved in
the contra-rotating rotor pairs with the different-speed design method applied.

7) By the pressure measurement concept taking account of the revolutions of both front and
rear rotors simultaneously, the casing wall pressure data sampled in time domain was transferred
into space domain successfully, and the ensemble averaged blade-to-blade pressure distributions
under different operation conditions were obtained. Designed with the renewed work division
between the front and rear rotors, the new rotor pair RR3 showed the enhanced high pressure
regions of the front rotor and the weakened low pressure regions of the rear rotor at various
operation conditions. As one of the essential results of the reduced rotation speed design, the
lower stagger angle of the RR3 rear rotor resulted in the low pressure regions more towards its
own blade passages especially at the partial flow rate. All of these indicated the relieved
potential interactions between two blade rows in the contra-rotating rotors with different-speed
design method applied.

8) As one of the important design expectations, the superior cavitation performances was
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identified for the newly designed RR3 rear rotor, and the favorable blade fore-loading situation
could be observed from the blade-to-blade pressure distribution contours and the blade loading
curves extracted from the casing wall pressure measurement results.

In general, with the rotation speed combination determined based on the cavitation
performance improvement for the rear rotor, the contra-rotating axial flow pump with
different-speed rotors presented the more reasonable work division between front and rear rotors
in the whole flow rate range, which is highly beneficial to optimize the blade-to-blade pressure
field distributions and suppress the blade rows interactions.

Nevertheless, the positive incidence angle which was known to be favorable to the
cavitation performances, also resulted in the rather large attack angle for the newly designed
rear rotor, which was believed to be responsible for the rear rotor’s significant secondary flow
structures in the rather low flow rate range. But as another highlight of the contra-rotating axial
flow pump, the individual rotational speed control of each rotor was believed to be effective to
optimize the flow velocity distributions, relieve the secondary flow structures and consequently
improve the pump performances at the off design condition. This remains as one of the essential
research topics for the contra-rotating axial flow pumps.

In addition, due to the significant secondary flow structures and consequent losses in the
rather low flow rate range, the loading distributions along blade span would be emphasized in
the design of the next generation rear rotor. To relieve the thickening of the boundary layer
which developed on the blade suction surface as well as on the rotor hub, as one of the essential
decisive parameters to the loading situation, the design incidence angle might also be
determined to be variable along the blade span for the better compromise between the cavitation
performance improvement and the secondary flow suppression. This remains as another

important topic for the design of the contra-rotating axial flow pumps.
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